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ABSTRACT 
Structure-borne vehicle interior noise is an important issue affecting not only drivers' and 
passengers' perception of vehicle quality, but also their health and safety. Therefore, the 
significance of the matter requires continuous efforts to improve sound quality in vehicle 
compartments. The existing research models of vehicle interior noise are either too simple, 
which makes them unable to provide concrete solutions, or too complex, which makes 
them difficult to interpret. In this regard, the main objective of the current thesis is to 
bridge this gap between existing very simple analytical and very complex numerical 
models for vehicle interior noise analysis. 
This thesis proposes a new methodology of vehicle interior noise analysis based on 
theoretical and experimental studies of simplified reduced-scale models of real vehicles. 
This approach can bridge the existing gap between the analytical and numerical models, 
keeping the simplicity of the former and adopting the most important elements from the 
latter. In the first four chapters, the thesis considers a preliminary research into the topic, 
including a literature review, the theoretical basis, the finite element description of 
structural-acoustic interaction, and analytical and numerical calculations of the simplest 
structural-acoustic model. In the subsequent five chapters, a number of original structural-
acoustic models are presented. The original models are investigated experimentally and 
numerically, and the obtained results demonstrate the usefulness and resourcefulness of the 
proposed methodology. 
As a result of the conducted research, a new methodology for vehicle interior noise 
analysis has been developed. All the data, obtained during the experimental and numerical 
investigations, show that the proposed models can predict vehicle interior noise levels with 
an acceptable accuracy, typical of design stage analysis. In particular, the original 
simplified reduced-scale models demonstrate that they are capable to successfully identify 
contributions of substantial structural elements, such as engine and boot sections. Also, 
they can describe the treatment of individual panels with sound absorbing and vibration 
damping materials, the presence of seats in the compartment and their effect on vehicle 
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interior noise. Last but not least, the good agreement between experimental and numerical 
data confirms the usefulness of simplified reduced-scale modelling as a reliable tool for 
vehicle interior noise analysis in a design stage. 
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Chapter 1 
Introduction 
1. Vehicle interior noise regulations and health effects 
Noise is becoming an important matter in the daily life of modern society. Nowadays, 
people are much more affected by noise than in the past. The progress of engineering 
sciences and productive capacity of human society result in the invention of new machines, 
products and services, which means not only new facilities for mankind but also new 
sources of noise pollution. In this regard, transportation noise generated by airplanes, 
vehicles and trains may be considered as one of the greatest sources of noise in the 
environment. Transportation noise could be divided into two groups: exterior and interior 
noise (Nelson 1987). The first one propagates in open areas and is associated with the 
impact of, for example, motorways and airports on residents of nearby buildings, whereas 
the latter one spreads in the interior of transportation and affects drivers and passengers. 
The ·aim of the current study is particularly focused on vehicle interior noise. 
Vehicle interior noise is a significant issue in automotive industry which is related not only 
to purely engineering problems, but also to human health. This is why it is liable to a strict 
monitoring from various governmental organizations. In most of the cases these control 
organs establish certain acceptable vehicle interior noise levels and watch for their 
observation. In this regard, the technique and procedure of vehicle interior noise 
measurement is a very important factor for establishing unified criteria for acceptable 
vehicle interior noise levels. The procedures for vehicle interior noise measurements are 
clarified by different national and international standards, e.g. ISO 5128: 1980. However, 
sometimes different official institutions recommend vehicle interior noise levels according 
to their own procedures and regulations. 
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For example, the European Commission recommends that "an equivalent continuous noise 
level measured over 30 minutes must not exceed 78 dB( A) in the drivers' cabs of motive 
power units running at speeds of 160 km/h" (www.nonoise 2006). US Department of 
Labor recommends that "the interior sound level at the driver's seating position of a motor 
vehicle must not exceed 90 dB( A) when measured in accordance with paragraph (c) of this 
section" (www.fmcsa 2006). Canadian Motor Vehicle Safety Act requires that "every truck 
or bus with a GVWR of more than 4 536 kg (10,000 lb.) shall be so constructed that, where 
tested in accordance with section 4 of Test Method 1106-Noise Emission Tests (August 
2005), the interior sound level at the driver's seating position does not exceed 90 dB(A) 
when a value of2 dB( A) is subtracted from the average sound level obtained in accordance 
with the test" (www.tc.gc.ca 2006). 
Therefore, it has not been possible so far to establish a unified criterion for acceptable 
vehicle interior noise level valid for all countries. Researchers on their part also tried to 
find certain scale for classification of vehicles. Bryan (1976) using the measurement 
techniques described by Tempest and Bryan (1971) suggested the following table for 
characterization of motor vehicles in respect to their interior noise: 
Subjective rating Noise level not 
exceeding, dB(A) 
Quiet 67 
Noticeable 73 
Intrusive 79 
Annoying 85 
Very annoying 91 
Table 1.1: Criterion for vehicle interior noise according to Bryan (1976) 
Although it is not always appropriate to compare the data in Table 1.1 and the 
recommendations cited above, one can conclude that obviously there is an interior noise 
level above which traveling becomes unpleasant, dangerous and unsafe for drivers' and 
passengers' health. This is why ceaseless efforts should be paid by car manufacturers to 
observing recommended interior noise limits and to protecting people from unacceptable 
health effects caused by noisy environment inside vehicles. 
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The health effects of vehicle interior noise, similarly to general noise, are the subject of 
specialized medical studies. But, as was pointed out by Nelson (1987), there is no doubt 
that high noise exposure can damage hearing or even lead to hearing loss. Also, noise can 
induce such physiological response reactions as increases in blood pressure, heart rate and 
breathing. At the same time, there is no strong evidence that noise has a direct influence on 
such health outcomes as cardiovascular disease, reproductive abnormality and psychiatric 
disorder. Apart from health effects caused by general noise exposure, vehicle interior noise 
is especially dangerous because it is always accompanied by vehicle vibrations, thus, 
causing drivers fatigue and lack of concentration (Tempest 1985). Moreover, high interior 
noise levels could mask audible signals from other vehicles or from the vehicle itself and 
thus assist to developing traffic accidents (Tempest 1985). 
Except for such temporary effects as fatigue and lack of concentrations and vigilance, 
vehicle interior noise could cause some permanent disabilities and disease such as hearing 
loss and high blood pressure. Nerbonne and Accardi (1975) conducted a test on 113 truck 
drivers and reported rather interesting observations. The hearing level of right ears was 
higher than the left ears. Furthermore, the drivers exhibited a noticeable depression in 
hearing level at 0.25 to 0.5 kHz. Filho et. al. (2002) carried out a study among 108 city bus 
drivers, their results showed that 32.7% were classified as first and second degree hearing 
losses and 13.2% had blood pressure above 140/90. The predominant part of affected men 
had more than 6 years work experience as bus drivers. Therefore, the health effects caused 
by vehicle interior noise are serious enough to make every effort to reduce the noise inside 
vehicles. 
Resuming the above, one can say that vehicle interior noise is an unwanted and hazardous 
phenomenon associated with modern automobiles. Bearing in mind its detrimental effects 
on the health status of exposed people, specialized governmental organizations try to 
establish an acceptable interior noise level and to impose it on car manufacturers. The 
latter in turn also try to reduce vehicle interior noise in order to improve their products and 
to attract more costumers. Therefore, further study of vehicle interior noise and its 
generation is needed to assist in its mitigation. 
Simplified reduced-scale modelling of vehicle interior noise December 2006 
Chapter 1: Introduction 4 
2. Vehicle interior noise analysis- an overview 
As was mentioned above, all transportation means are sources of noise pollution. They 
affect not only people outside, but also drivers and passengers inside vehicles. The 
tendency to lighten up vehicle structure leads to the reduction of its natural frequencies and 
to the rise of interior noise levels. On the other hand, the passenger's comfort and market 
demands stimulate any annoying noise inside vehicle compartment to be suppressed. These 
two contradictory trends require a detailed interior noise analysis which should be carried 
out in the design stage. Vehicle interior noise analysis requires profound knowledge of 
mechanisms and sources for noise generation, identification of the vibration characteristics 
of car body structure and the acoustic properties of passenger compartment, as well as an 
estimation of the structural-acoustic coupling in the vehicle. 
There are many mechanisms and sources for noise generation in vehicles. The most 
important of them are related to structure-borne noise. If the surface of a structure is in 
contact with a fluid (air), then vibration of the structure causes sound to be radiated 
through the fluid. This is the main mechanism for noise generation. If vehicles interiors are 
considered, one can find that any interior surface is a potential reason for noise generation. 
Vibration of interior surfaces can be caused by various sources. As has been reported by 
Jha (1976), the main sources of vehicle interior noise are engine and transmission systems, 
road excitation, and aerodynamic excitation. In this way the excited interior surfaces 
generate sound which consists of background random noise, caused by road excitation, and 
discrete frequency components, caused by some of the unbalanced engine harmonics. The 
effect of aerodynamic excitation on structure-borne noise is generally in the higher vehicle 
speeds and in the higher frequency range. The first component of vehicle interior noise is 
typical of the case when vehicles are running on a rough road surface. This effect is called 
"road rumble" or "body rumble" in the specialized literature. In this case interior noise 
increases with excitation level from the road at any speed. The second component appears 
as large and sudden increase in noise at a particular speed and is known as a vehicle 
"boom". In this scenario there is a coincidence between a structural resonance excited by 
one of the unbalanced engine harmonics and an acoustic resonance. These two types of 
noise caused by different sources operate in a complex way. For example, reducing the 
random background noise and leaving the discrete frequency components the same do not 
guarantee that the resulting interior noise will be mitigated. Moreover, in some cases it is 
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possible that the resulting interior noise can be increased. Therefore, to reduce interior 
noise one must find an acceptable balance between these two types of noise. 
Except for the sources of noise generation, interior noise levels depend on the vibration 
characteristics of a vehicle structure and the acoustic properties of a passenger 
compartment. Vehicle structure and fluid inside a passenger compartment virtually 
represent mass-spring systems having natural frequencies at which they naturally want to 
vibrate. For a linear system the natural frequencies are independent of the excitation 
applied to the system and they are related only to the mass and stiffness characteristics. Of 
course, non-linear effects often arise in vehicle interior noise analysis, but for the sake of 
simplicity they are disregarded in the current research. The main difficulty, thus, is how to 
identify vibration characteristics of vehicle structures and the fluid. Because of the 
geometrical complexity of car body structures and the irregular form of vehicle 
compartments exact analytical solutions are very limited. At present, numerical and 
experimental approaches are used widely for identification of vibration characteristics. 
An important part of the above-mentioned analytical and numerical approaches is taking 
into account structural-acoustic interaction. Because of the energy exchange between the 
air and the structure in a vehicle compartment, the dynamic behavior of each of these sub-
systems is influenced by the other. In other words, the interaction or coupling between 
fluid and structure alters their dynamic characteristics and this feedback adds to the 
complexity of vehicle interior noise analysis. The main difficulties here are related to 
analysing of the mathematical model in which the governing equations of structural and 
acoustic parts are coupled and should be solved simultaneously. 
In summary, vehicle interior noise analysis requires to identify the sources of noise 
generation in vehicles and to model structural and acoustic modal parameters and their 
interaction. This process is accompanied by various difficulties and obstacles, mainly 
related to the complexity of vehicle structures and irregular compartment forms, thus, 
making vehicle interior noise analysis an extremely difficult engineering problem. This is 
why there is no unified and explicit approach for studying and modelling vehicle interior 
noise. Instead, a number of methods are employed to investigate different aspects of the 
problem. 
Simplified reduced-scale modelling of vehicle interior noise December 2006 
Chapter 1: Introduction 6 
3. Simplified reduced scale modelling- a promising methodology for 
vehicle interior noise analysis 
Essential to the analysis of structural-acoustic systems is the ability to use different 
modelling approaches. In this regard, vehicle vibro-acoustic properties could be analysed 
utilizing a number of methods. Among them, one could mention a few analytical 
approaches, related mainly to one of the simplest simplified models of structural-acoustic 
system, a rectangular box structure with one flexible wall, and some numerical and 
statistical, related to more detailed models, Finite Element Method (FEM), Boundary 
Element Method (BEM) and Statistical Energy Analysis (SEA). 
One of the common features among all these methods is that they all use simplified models 
of structural-acoustic systems, while the degree of model simplification is different for 
these methods. For example, as was mentioned above, analytical approaches normally 
employ the simplest simplified models, whereas the numerical methods could use as 
detailed models of vehicle compartments that their definition as "simplified" often 
becomes inadequate. Therefore, there is a large gap between the simplest analytical models 
and existing numerical ones. In this regard, the use of simplified reduced scale models of 
intermediate complexity could contribute to bridge this gap and enhance understanding of 
vehicle interior noise in general. 
Therefore, there is a scope for further development of the methodology of vehicle interior 
noise analysis using simplified reduced-scale modelling. Such an approach could assist in 
better understanding the physics of structure-borne vehicle interior noise, especially its 
dependence on different parameters of vehicle structures and interior cavities. More 
precisely, simplified reduced-scale modelling could help for identification of main sources 
of interior noise generation, of structural attributes assisting sound pressure reduction or 
for estimating the effectiveness of some measures for noise mitigation. 
4. Scope and structure of the thesis 
The aim of this study is to introduce simplified reduced-scale modelling as a reliable tool 
for vehicle interior noise analysis in a design stage. More precisely, the research has the 
following objectives: 
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• to carry out a literature review of previous works on interior noise analysis in 
order to give a concise introduction to existing modelling approaches and to 
provide a list of most important references; 
• to introduce various simplified, reduced-scale models of road vehicles in order 
to investigate the effects of most important model features and parameters on 
generated structure-borne interior noise; 
• to examine the effects of positions of input disturbance and output acoustic 
response on vehicle interior noise for each of the simplified reduced-scale 
models considered; 
• using simplified reduced-scale models to investigate possible measures for noise 
reduction, such as: use of pieces of lining material placed in different positions, 
vibration damping materials, structural modifications, etc. 
The content of presented thesis is summarized next: 
Chapter 2 outlines a purposeful literature review on the subject of vehicle interior noise, 
including publications related to different methods currently used for analysing sound 
pressure field in structural-acoustic systems, such as: FEM, BEM, SEA as well as some 
practical procedures commonly employed in the automobile industry. 
Chapter 3 deals with some theoretical aspects of structural-acoustic problems in vehicle 
interior noise analysis. In particular, the analytical formulation derived by Krylov (2002) is 
applied for a rectangular box structure with one flexible wall. In this formulation, interior 
sound pressure is given as a function of different parameters, such as: structural and 
acoustic normal modes and natural frequencies, speed of a vehicle and parameters of its 
suspensions. In the second part, FE formulation of the interior noise problem in a 
structural-acoustic system is considered following mainly the Petyt' s derivation (Petyt 
1983). Initially, governing equations of motion are discussed for "rigid" and "flexible" 
boundary conditions, later, the solution of differential equations of motions is presented. 
Chapter 4 validates the analytical formulae for acoustic pressure given in chapter 3 using 
ananytical calculations and FE simulations for a particular case of a rectangular box 
structure with one flexible wall. The effect of some parameters on acoustic Frequency 
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Response Functions (FRF's) is considered and a particular attention is paid to spatial and 
frequency coupling functions. Moreover, the effect of vehicle suspensions on interior noise 
levels is analysed. A comparison between analytical and numerical results is also in the 
scope of this chapter, in order to verify both numerical and analytical procedures used in 
the thesis. In this comparison, acoustic FRF's are calculated for the same analytical and 
numerical models at the same receiver's positions and using the same driving force. 
Chapter 5 introduces a rectangular all flexible box model. This model should link the 
previous one, discussed in chapter 4, with the concept of considering more realistic 
structures. The study is fully numerical and uses MSC.Patran and MSC.Nastran for FE 
simulations. The standard procedure for analysing the model under consideration consists 
of normal mode analysis of structural displacements and frequency response analysis of 
acoustic response at certain observation points inside the model. 
Chapter 6 presents a simplified reduced-scale model, called QUASICAR. The main 
structural part of the model is a non-circular shell element. The model demonstrates the 
idea that vehicle compartment could be modeled by a non-circular shell element in order to 
express its interior noise levels analytically. Moreover, the QUASICAR model is 
simulated numerically and tested experimentally as a number of comparisons are made 
between analytical, numerical and experimental data. The structural behaviour of the 
model is also considered. It is demonstrated that the normal modes of the QUASI CAR 
structure can be approximated by combinations of those for a simply supported plate. 
Chapter 7 is focused on a simplified reduced-scale model that incorporates some of the 
features of QUASICAR model and in the same time goes closer to real cars using a 
smaller number of constraints and including an engine section. The model consists of a 
non-circular shell element, attached to two beams that connect engine and compartment 
sections. This study is conducted using experimental tests and numerical simulations. 
Furthermore, the simplified reduced-scale model is treated with damping and lining 
materials in order to estimate their effectiveness for noise reduction. 
Chapter 8 investigates interior notse in a series of simplified models of vehicle's 
compartments of increased complexity. These models are designed and calculated using 
FE software. The sequence of models to be investigated consists of six simplified 
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structures of increased complexity. The simplest of them represents a rectangular box 
structure, and the most complex one gives an unambiguous impression of an average car 
compartment. The main objective of the study is to investigate the influence of gradual 
changes in structural models on structure-born vehicle interior noise. 
Chapter 9 considers the most realistic model in the current thesis. It consists of a 
compartment, engine and boot sections, and the compartment can be considered also as an 
independent model. The engine mass is modeled using a metal plate attached to the main 
structure through four springs, thus, simulating engine mounts. Structural normal mode 
analysis is carried out to outline the structural displacements of constitutive panels. 
Numerically calculated and experimentally measured acoustic FRF's in this model assist 
in analysing the effects of engine and boot masses, foam seats, lining and damping 
materials, engine mounts on interior noise levels. 
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Chapter 2 
Literature review 
1. Introduction 
The first published papers concerning vehicle interior noise problems appeared in the 
1960's, mainly in connection with structural-acoustic interaction phenomena. Since then 
the investigation of this important matter has never stopped, covering various aspects of 
interior noise and measures for its reduction. In this regard, it is worth to mention the 
Dowell' s work (Dowell 1980), which presents a list of papers on vehicle interior noise 
published before 1980. The purpose of this literature review is to reveal the existing 
procedures and approaches to modelling vehicle interior noise rather than to focus on a 
particular feature of vehicle interior noise in detail. This is why the survey does not pretend 
to include all published papers in the area of vehicle interior noise analysis, but only those 
of them which characterise a specific modelling approach best. 
2. Analytical approaches to modelling vehicle interior noise 
The purpose of analytical modelling of vehicle interior noise is to determine analytically 
the interior sound pressure levels induced by vibrating car structures. As was mentioned in 
the previous chapter, the problem involves investigating dynamic characteristics of 
acoustic and structural domains and their interaction. Structural-acoustic, uncoupled or 
coupled, examinations are in the base of vehicle interior noise analysis. The first 
investigations of these phenomena have been motivated by the need to understand the 
effects of the vibrating boundaries on the acoustic response, and the effect of acoustic 
loading on structures. Many authors have contributed to studying interaction between fluid 
and structure and their investigations have covered a broad range of engineering problems 
and applications. Because exact mathematical solution is a rather cumbersome task for 
enclosures with irregular shapes, most of the analytical approaches aim at cavities with 
simple forms, such as rectangles and cylinders. 
Simplified reduced-scale modelling of vehicle interior noise December 2006 
Chapter 2: Literature review 11 
One of the first investigations of interior noise in a rectangular box model with one flexible 
wall was carried out by Dowell and Voss (1963) and Lyon (1963). Although the effect of 
the cavity on the vibrating panel was the main aim in the first study, Dowell and Voss 
calculated a velocity potential of the acoustic field and the acoustic pressure on the flexible 
panel using the wave equation and a cosine-series expansion of the plate deflection. The 
second paper considered noise reduction at low, middle and high frequency ranges. It was 
assumed that the fundamental frequency of the wall lies below the first acoustic resonance 
of the enclosure and noise reduction was calculated for the three frequency bands. In the 
low frequency range Lyon (1963) used acoustic and panel compliance in order to express 
the noise reduction. In the middle frequency range, the noise reduction was calculated 
assuming that only one mode is responsible for noise transmission at any frequency band. 
Later this was corrected using the total number of modes on average. At the high frequency 
range, the author calculated modal energy of the panel and the box interior volume to 
obtain the noise reduction. 
Further investigations by Pretlove (1965, 1966) have improved the theory and physical 
insight of interior noise problems in a rectangular box structure with one flexible wall. The 
exact solution for the acoustic velocity potential in the model under consideration was 
found (Pretlove, 1965). In particular, the author studied the effect in terms of acoustic 
stiffness of the closed cavity on free vibrations of the bounding flexible panel. The author 
concluded that there were two types of panel-cavity system. In the first type the effect of 
the cavity on the panel was negligible. In this type the acoustic stiffness was less than the 
panel stiffness. In the second type the acoustic stiffness was commensurable with that of 
the panel. As a result, the normal modes ofthe vibrating panel were strongly influenced by 
the cavity. In this regard, considering a vehicle compartment as a structural-acoustic 
system and keeping in mind the acoustic and structural stiffness, one may conclude that the 
effect of vehicle cavity is negligible on surrounding panels. 
In respect of the mathematical approach, Pretlove has established the exact solution for 
acoustic velocity potential in terms of double cosine series, similarly to Dowell and Voss 
(1963). Later, Pretlove (1966) extended his theory to forced vibration of the same system. 
This time problems for noise transmission into the cavity and the modification of the panel 
stress were treated. The result from this study showed that the modification can either be 
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an increase or a decrease in the stress at a particular point on the wall depending on the 
power spectra of the forcing pressures. The results from the transmission of sound were 
compared with those obtained by Lyon (1963). Unfortunately, the comparison was not 
fully valid because the used modal factor was different for both cases. However, the 
comparison showed higher values from Pretlove's theory for transmission rather than 
Lyon's predicted values in the medium frequency range. Hence, both Lyon's and 
Pretlove' s approaches were suitable for different frequency ranges. Another conclusion 
was that the effect of the cavity on the wall stress and on the noise transmission was most 
marked when the panel covered a shallow cavity. 
Because of the mathematical complexity of the previous works, Pretlove and Craggs 
(1970) proposed a normal mode approach for prediction of the fundamental natural 
frequencies of a panel-cavity system, when the cavity was assumed to be stiff. 
Bhattacharya and Crocker (1969/70) devised a general solution of the wave equation with 
inhomogeneous boundary conditions where both steady-state and transient analysis for 
low- and high-frequency range were given. A similar analysis was followed by Guy and 
Bhattacharya (1973). 
In practice, structural-acoustic problems often arise when the vibrating walls of a 
transportation vehicle induce a significant internal sound field and at the same time the 
walls may be excited by external fluid flows. In this regard, Dowell et. al. (1977) published 
a comprehensive theoretical model for interior sound fields which were created by flexible 
wall motion resulting from exterior sound fields. The pressure was expanded in terms of 
the normal modes of the cavity with rigid walls boundary conditions. The results were 
given in the form of a set of linear ordinary differential equations for the response of each 
normal acoustical mode. The equations of motions of the flexible wall were also derived in 
terms of "in vacuo" structural normal modes. Thus, simplified formulae were developed 
for interior sound levels in terms of uncoupled acoustic and structural modes. 
Except rectangles, cavities in the form of cylindrical shell have been also studied by the 
researchers. Au-Yang (1976) considered a system, which consists of two coaxial 
cylindrical shells filled with fluid between the shells, and determined the virtual mass as a 
function of the system frequency. By assuming that the shell motions were coupled only 
with the fluid but not with each other, two sets of fluid-structure coupled equations were 
Simplified reduced-scale modelling of vehicle interior noise December 2006 
Chapter 2: Literature review 13 
solved simultaneously. The resulting non-linear eigenvalue problem was solved by a 
matrix iteration method. In the papers by Bentley and Firth (1971} and Fuller and Fahy 
(1982} a cylindrical shell filled with fluid was considered. The authors used similar 
approaches, expanding the shell motion and the sound field using normal modes in Bessel 
function forms. The system's characteristic equation was obtained as a transcendental 
equation; therefore a numerical root search scheme was required to find the eigenvalues. 
Another analytical approach for determining interior sound pressure employs boundary 
integral formulation. Sestieri et. al. (1984) determined the sound pressure level radiated by 
vibrating panel via the integral formulation of Helmholtz equation for both uncoupled and 
coupled problems. The advantages of the proposed method were twofold: first, reducing 
the number of degrees of freedom for the purpose of high-frequency analysis; and 
secondly, avoiding the use of modal approach for a system with high modal density. The 
main drawback was the necessity of further numerical calculations. 
The acoustic field in an automobile cabin has been calculated using a Green's function 
method by Succi (1987). The solution was based on the exact solution to a truncated eigen-
function expansion. The author used the known eigen-functions of a regular volume in 
which the automobile cabin could be enclosed, in order to construct the solution. The 
disadvantage was that the solution constructed needed further numerical analysis. 
Except for new methods for solving system equations, some researchers tried to develop 
the governing equations in different ways. Hong and Kim (1995a) suggested a new 
procedure to formulate and analyse a free vibration problem for structural-acoustic coupled 
systems. Using the concept of the equivalent mass source, the system's equations were 
formulated. Natural frequencies and spatial patterns were obtained by solving these 
equations by means of the modal expansion method and a matrix transformation technique. 
The suggested procedure was verified by a comparison between its results and the exact 
solution of a one-dimensional structural-acoustic system. More detailed examples were 
given in the second part of this work (Hong and Kim, 1995b ), where demonstrations were 
made to show the advantages of the method by applying it to realistic two- and three-
dimensional problems. 
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When sound field is subject to rigid boundary conditions researchers have frequently 
employed Green's function in terms of acoustic eigen-function for enclosure in order to 
express acoustic pressure. In cases when the boundary conditions are not rigid this 
approach produces an error. Jayachandran et. al. (1998) studied the modelling of interior 
sound fields by modal function expansion approach and estimated this inaccuracy 
quantitatively. They established that the error was related to the well-known Gibbs' 
phenomenon in the Fourier series at discontinuities. This paper gives rise to the importance 
of the accurate boundary conditions used in structural-acoustic coupled problems. 
Recently, Kang et.al. (2000) proposed a theoretical model for investigating the coupling 
effects of the trim and air-gap on the frequency response characteristics of a passenger 
compartment. The used model represented a one-dimensional simplified model composed 
of the roof, air gap, trim and passenger compartment. The theoretical results were verified 
by a comparison between them and the results obtained by FEA and experimental testing. 
Theoretical formulae were established using plane wave theory. The essential to this study 
was the idea to reduce the resonance peak of an acoustic normal mode having zero nodal 
surfaces parallel to the trim-gap system by means of proper changes of the trim mass and 
the gap thickness. 
Krylov (2002) asserted a simplified analytical model for prediction of vehicle interior 
noise. The established analytical formulae presented interior sound pressure as a function 
of road irregularity, vehicle speed, properties of suspension, resonance frequencies and 
modal shapes of structural and acoustic modes and their mutual coupling. One of the 
simplifications in this work was based on the fact that the acoustic Green's function 
satisfying rigid boundary conditions was expressed as a sum of acoustic modes 
corresponding to a reactangular enclosure with the same volume as the cavity under 
consideration. On the other hand, the normal particle velocity was expressed as a sum of 
structural modes corresponding to simply supported rectangular plates. 
Magalhaes and Ferguson (2003) used Component Mode Synthesis Method (CMSM) to 
consider the sound transmission through a lump mass panel between connected acoustic 
volumes. The main contribution of this paper in the view of the present research was the 
conclusion that modal model underestimated the sound reduction compared to the CMSM. 
The reason might be in the fact that the excitation for the modal model was based on a 
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point unit volume velocity source, whereas the one for CMSM was described in terms of a 
unit imposed force on the moving boundary. 
In summary, the existing analylical methods are based on partial differential equations or 
integral equations. In many cases, these equations may be solved using different analyiical 
methods, such as energy methods (Lyon 1963), Fourier series (Pretlove 1966), integral 
formulations (Sestieri 1984) or eigen-function expansion (K.ang et. al. 2000; Krylov 2002). 
Another common approach for finding solution is the simplification of irregular acoustic 
volume to a regular one and the limitation of the vibrating structure to an isolated panel. In 
this way, the solution for a real model is approximated by the known solution of a regular 
model. The advantages of analy!ical approach are simple analylical formulae giving clear 
relations between physical parameters. On the other hand, insufficient precision due to 
different simplifications and approximations is often not acceptable in the modern vehicle 
interior noise analysis. 
3. Numerical and statistical methods for modelling vehicle interior 
noise 
In contrast to analylical approaches, numerical or statistical modelling of vehicle interior 
noise provides numerical or statistical solutions to the mathematical model of a particular 
engineering problem. The conventional numerical approach for predicting vehicle interior 
noise across entire frequency range relies upon the synthesis of different modelling 
techniques. In the low frequency range, I 0-250 Hz, the most common techniques are Finite 
Element Method (FEM) and Boundary Element Method (BEM), as the upper limit 
reported in literature is about 500 Hz (Lim 2000). In the high frequency range, above 500 
Hz, Statistical Energy Analysis (SEA) is used widely. The use of numerical and statistical 
techniques in parallel with the fast development of computational machines makes these 
approaches satisfactory precise and powerful tool for vehicle interior noise analysis. 
3.1 The use of finite element method in modelling vehicle interior 
noise 
FEM is the most widespread numerical tool for industrial applications. The FEM divides 
the considered physical domain into small sub-regions called "elements" such that a good 
approximation of its displacement shapes can be obtained using second- or third-order 
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shape functions. The set of elements forms the "mesh" and the points in the space which 
connect the elements are called "nodes". Each element represents a simple unit the 
dynamic behaviour of which can be easily analysed. The FEM formulation can be 
expressed by displacement, stress or energy approaches. In this regard, to have continuity 
across element boundaries, displacement and stress approaches employ three principles: 
equilibrium, compatibility and the constitutive laws, while energy approach relies on the 
principal of virtual work. The individual elements form local element matrices, which are 
developed for a number of simple structures, such as beams, shells or solids in the relevant 
software package. Then the element matrices have to be assembled into global mass, 
stiffness and damping matrices, which form the global matrix equation of motion. Fuller 
details about theoretical base of the FEM are given by many authors, e.g. Bath (1982), 
Cook et.al. (2001), Zienkievich and Taylor (2000). 
The first FEM work on acoustic analysis dates back to 1965, when Gladwell (1965) 
described the vibrational formulation of a one-dimensional model of an enclosure and the 
sound pressure level was predicted at interior points. Later Gladwell and Zimmerman 
(1966) extended the variational formulation, to cover problems in which the vibration was 
subject to both mechanical and acoustic damping. Mason (1967) extended the method to 
two-dimensions using rectangular finite elements. The results showed good accuracy but 
the number of degrees of freedom was very large even for quite regular enclosures. 
A modified variational formulation was used by Craggs (1971) who considered the 
transient response of a coupled plate-acoustic system using plate and acoustic finite 
elements. The author employed a mixed finite element variational formulation: 
displacement for the plate and pressure for the acoustics, which resulted in non-symmetric 
system matrices. The latter fact turned out to be not important for transient response 
analysis. The analysis of the acoustic part only showed extremely accurate results. The 
chief disadvantage was that acoustic finite elements involved a large number of degrees of 
freedom. In this regard, it was important to reduce the number of degrees of freedom 
where it was possible. 
After establishing one- and two-dimensional finite elements, Craggs (1972) proposed a 
three-dimensional acoustic finite element for determining modal characteristics of irregular 
enclosures. The analysis of cubic and tetrahedral finite elements showed that the cubic 
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elements gave a better indication of the mode shape and always located the eigenvalues in 
the correct order. The tetrahedral elements gave better values for the lowest eigenvalue but 
relatively poor results for the mode shapes. This was probably due to the non-uniform 
properties of the element matrices. Both cubic and tetrahedral elements converged as 1/N2, 
where N is the number of elements. The main conclusion drawn from this paper in the 
view of the present research was that for an arbitrary enclosure the best result would be 
obtained if the regular part of the volume was formed with standard cubic finite elements 
and the remaining irregular space being filled by tetrahedral finite elements. 
For improving the accuracy of the FEM, a higher order shape function can be used for the 
finite elements, which does not lead to higher number of finite elements. These finite 
elements are called higher order finite elements. In this regard, Shuku and Ishihara (1973) 
examined the acoustic field in irregularly shaped rooms by the FEM. The two-dimensional 
acoustic field was treated by triangular finite elements and cubic polynomial shape 
functions. Moreover a comparison between results generated by the finite element model 
with cubic shape functions and those generated by a model with standard linear shape 
functions was carried out. It was established that the use of cubic polynomial shape 
functions gave extremely accurate results. Another interesting conclusion was that the 
finite element eigenvalues converged to the exact values from above whereas those of the 
finite difference method converged from below. 
Except higher order finite elements, in the FEM one can use the so-called isoparametric 
finite elements. In isoparametric finite elements, the same shape functions used to define 
the element geometry are also used to describe the variation of the field variable within the 
element. Acoustic FE analysis also was influenced by the isoparametric finite element 
formulation. Petyt et.al. (1976) developed a twenty node, isoparametric acoustic finite 
element for analysing irregular shaped cavities. Initially the finite element was used to 
calculate the natural frequencies of a rectangle in order to estimate the accuracy of the 
finite element. This first analysis showed that if the portion of the cavity between two 
nodal planes was represented by one element then the error was within about 2%. In the 
second part of the investigation the natural frequencies of irregular shaped cavity were 
determined. The advantages of this finite element over the previous ones was that only few 
elements were enough for high accuracy and proper representing of curved surfaces. 
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In spite of the development of three-dimensional finite elements, the researchers tried to 
simplify finite element analysis of vehicle interiors using two-dimensional elements. 
Richards and Jha (1979) investigated the acoustic resonances of a prismatic car cavity by 
means of a simplified FEM. The essential to this approach was the assumption that the 
geometrical and material characteristics in z direction did not vary and thus a three-
dimensional problem was replaced by a two-dimensional one. Such an approach might be 
acceptable in the case of limited computational recourses. 
In the early years, the commercial finite element codes were developed mainly for 
structural and thermal analysis, thus acousticians had to use an analogy between the 
acoustic wave equation and equations of elasticity. In this respect, Everstine ( 1981) created 
an alternative acoustic finite element from elastic finite elements by observing the analogy 
between the acoustic wave equation and the Navier equations of elasticity, which are the 
equations solved by commercial FE software developed for structural analysis. For three-
dimensional analysis elastic finite elements could be used for scalar pressure fields if the x 
component of displacement represented the pressure and the other two components y and z 
were set to zero. Then the isotropic engineering constants were organized as follow: 
E= I 020G and p=G/c2, where the coefficient of elasticity E, the shear modules G and the 
dencity p were merely numbers without any physical meaning. The shear modules G could 
be selected arbitrarily. 
After making possible to simulate the acoustic domain of vehicle compartments, the 
attention of researchers was pointed out to a complete strategy for interior noise reduction 
at a design stage. The first work in this direction, carried out by Nefske et.al. (1982), 
presented a model for computing acoustic modes and interior noise levels using the FEM, 
when the structural characteristics and exiting forces were known. The finite element 
formulation was developed for free vibration analysis. This approach was appropriate to 
compute cavity resonances, to estimate the contribution of the compartment panels to the 
interior sound pressure at a design stage. It required test data measured from a vehicle 
prototype. At a later stage Sung and Nefske (1984) predicted vehicle interior noise and 
identified noise sources by means of the FEM for the coupled system vehicle structure -
acoustic interior. In this research they used FEM only for defining structural and acoustic 
responses, without measured test data. The interior acoustic response was determined using 
modal solution procedure. Moreover, an analysis was developed to identify the structural 
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and acoustic modal participation as well as the boundary panel participation in producing 
the response. These investigations became a milestone in the modern vehicle interior noise 
analysis. 
Currently, FEM is used in automotive industry for developing numerical models for 
calculating vibro-acoustic behaviour of a fully trimmed car (Sol and Herpe 2001). The 
typical vehicle analysis starts with FE model of main structure, so called body-in-white, 
the results from this initial model are compared to those of similar models in order to 
verify that the normal modes exist within normally accepted frequency ranges (Stokes et. 
al. 1997). Later this initial model is updated adding engine unit, power train and all other 
components, such as: doors, seats and interior panels. In the final step the trimmed body 
model is refined simulating more specific systems, such as: suspensions, exhaust and 
steering systems. Such models of vehicle interiors and vehicle structures can be seen in 
Fig. 2.1. 
(a) 
Figure 2.1: Typical FE acoustic cavity (a) and vehicle (b) models (Sol and Herpe 2001). 
The advantages of using FEM for modelling vehicle interior noise are related to significant 
reduction of memory (Attala and Bernhard 1994). For example, neither the polynomial 
basis functions nor the resulting matrices are frequency dependent. Thus, for frequency 
response analysis, the matrices are not regenerated at each frequency. Another saving in 
memory can be achieved by using modal solutions of the global matrix equation (Li and 
Cho 1995). This means that the response is approximated by superposition of dominated 
normal modes. The equation used to find any modal amplitude at any frequency is a scalar 
equation. Thus, a frequency response analysis can be carried out using the results from a 
previous modal analysis or eigenvalue analysis and a large number of scalar operations 
(Attala and Bernhard 1994). 
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In conjunction with its advantages, the FEM has some negative features. The main 
drawback is the need of a proper number of finite elements for modelling geometrical 
peculiarities of models and for achieving results having an acceptable degree of accuracy 
(Attala and Bernhard 1994). This is especially true in frequency response analysis where it 
is recommended that at least six finite elements should be used per wavelength. This is 
why FEM is applicable for vehicle interior noise analysis in the low frequency range only. 
3.2 The use of boundary element method in modelling vehicle interior 
noise 
Another important technique for numerical solutions of a number of structural and acoustic 
problems in the low frequency range is Boundary Element Method (BEM). The BEM is 
derived by the discretisation of an integral equation which is mathematically equivalent to 
the governing Partial Differential Equation (PDE). This re-formulation of the governing 
PDE applies an integral equation defined on the boundary of the domain and an integral 
that relates the boundary solution to the solution at any point in the considered domain. 
Further details could be found in many books, such as: Banerjee and Butterfield (1981), 
Brebbia et. al. (1984), and Wrobel (2002). In other words, the BEM simplifies the problem 
by expressing the field problem and its boundary conditions in terms of surface integral 
equations. Three main formulations of the BEM can be distinguished as was pointed out in 
(Atalla and Bemhard 1994): 
• Direct Boundary Element Method (DBEM) which is based on the Helmholtz 
integral equation; 
• Indirect Boundary Element Method (IDEM) derived from potential theory and 
may be interpreted as an integral form ofHuygen's principle and 
• Variational Boundary Element Method (VBEM) formulated either in terms of 
the direct or indirect boundary problem using a variational formulation for the 
error of the solution on the boundary. 
The use of BEM for interior noise problems could be traced to the late 1970's. At that 
time, Bell et. al. (1977) tried to predict the acoustics of arbitrary shaped bodies with mixed 
boundary conditions using an integral approach. The authors successfully demonstrated the 
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potential and accuracy of integral technique for studying the acoustics of complicated two 
dimensional shapes. Latter, Bemhard et.al. (1988) and Kipp and Bemhard (1987) focused 
their attention on the main BEM formulations: DBEM and IDEM. 
The first one compared both formulations in respect to predicting sound fields in three 
dimensional cavities. The authors noted that as far as the accuracy was concerned there 
was little to distinguish between them. However, IDEM required only one boundary 
integral evaluation, thus, appearing to be more economical compared to DBEM. This fact 
was also confirmed by Kipp and Bernhard (1987) who studied only IDEM. They found 
that when boundary pressure and velocities were required the IDEM wanted 
postprocessing computations whereas DBEM provided this data automatically. 
The advantage in the BEM arises from the fact that only the boundary of the considered 
domain requires discretisation, whereas in the FEM the whole domain needs discretisation. 
Thus, the dimension of the problem is reduced by one (Li and Cho 1995), for instance a 
wave equation in three dimenssions is transformed into one over its surface. On the other 
hand, the BEM suffers from certain difficulties. First of all, DBEM and IDEM produce 
non-symmetric and frequency dependant matrices (Everstine 1997). This is why most 
important drawback is that the BEM is unable to solve a classical eigen-modes analysis. 
However, a new formulation of the BEM for acoustic eigen-frequencies has been proposed 
by Banerjee et.al. (1988) and refined by Coyette and Fyfe (1990). Similarly to their 
approach, Hussain and Peat (1994) proposed BEM formulation for improving low 
frequency analysis of forced problems, applicable to arbitrary cavities, such as vehicle 
compartments. 
When vehicle interior nOise is concerned, BEM needs to model different boundary 
conditions, such as: rigid surfaces, vibration panels, absorbing materials or various 
combinations of them. In this regard, Suzuki et.al. (1989) proposed a new approach to treat 
such complicated boundary conditions. They divided a cavity surface into three parts (S t, 
Sz and SJ). At the first one, St, the surface velocity was given, whereas at Sz surface 
velocity and sound pressure were calculated at the same time in order to study structural-
acoustic coupling. The third part, S3, was anticipated to consider an aperture area, e.g. an 
open window or roof Moreover, the results from their approach were compared with 
experimental ones obtained testing a 'h scale simplified model. 
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Initially (Suzuki et. al. 1989) the effect of absorbing surfaces was neglected which resulted 
in a discrepancy at the first acoustic resonance between experimental and calculated sound 
pressure response. Later, when the absorbing surfaces were taken into account, this 
discrepancy at the first acoustic peak was greatly improved. Furthermore, using the 
vibration data of the surrounding walls for calculating the sound pressure response, it is 
possible to evaluate the contribution of vibrating panels (Trevelyan et.al. 1995). Thus, 
using BEM, vehicle interior noise analysis can be carried out to great details. 
3.3 The use of statistical energy analysis in modelling vehicle interior 
noise 
Statistical Energy Analysis (SEA) is an effective modelling tool for dynamic analysis of 
vehicle structures and sound radiation into interior cavities. In this approach the examined 
complex system is broken-down into subsystems, each of which has boundaries, 
geometrical properties and connections to other subsystems (Lyon 1975). The vibrational 
characteristics of subsystems depend on geometrical properties and connections. An 
important parameter is modal density since it identifies the number of resonant modes 
which can store energy in a subsystem (Hermans and Ladevaia 1999). Another parameter 
is the dissipation of energy in the sub-systems or in their connections, and it is described 
by the so-called "loss factors". The total model, consisting of all subsystems, is driven by 
energy inputs related to the physical sources of vibration. The results from the SEA are the 
vibrational or acoustic energy levels derived by equalization of input, transmitted and 
dissipated energy (Lyon 1975). 
Similarly to the general approach described briefly above, a vehicle body can be 
considered as consisting of different subsystems. For example, engine and boot sections, 
interior cavity, body panels, such as: roof, floor, windshield and dash panels (Dong et.al. 
1995). The number of subsystems defines the precision of vehicle SEA models. Typical 
vehicle models may consist of 400-500 subsystems (Moore et. al. 1999). Moeller et. al. 
(1995) reported that their SEA trimmed body model had 374 sybsystems with 1295 
junctions and their subsystems were modeled by plate bending modes, shell modes, inplane 
modes, interior acoustic modes, and exterior acoustic spaces. 
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Figure 2.2: The independent Test-based SEA model in AutoSEA network format 
(Chen et.al. 1995). 
23 
These large SEA models are often difficult to describe and their results are awkward to 
present. Moreover, non-essential structural components contribute to acoustic responses of 
these models making difficult the interpretation of obtained data (Moore et. al. 1999). This 
is why some more experimentally orientated SEA models consist of between 30 and 50 
subsystems (Moore et.a/. 1999). For example, Hermans and Ladevaia (1999) partitioned 
their vehicle model into 9 acoustical and 46 structural subsystems with about 300 
connections. Chen et. al. (1995) built a test-based SEA model consisting of 36 subsystems 
(see Fig. 2.2). Thus, the compromise with the number of models subsystems could 
facilitate the application of SEA method for vehicle interior noise analysis. 
Advantages and disadvantages of the statistical approach are defined by the modal density 
of the system in the frequency band of interest (Lyon 1975). Because the SEA gives 
statistical answers, they are subject to uncertainty. This is not a great problem if the system 
has high modal density in a certain frequancy band, however, if the system has not enough 
modes in this frequency band then the answer does not possess an acceptable degree of 
certainty (Lyon 1975). The use of SEA methods leads to grouping the resonant modes 
together and treating their response statistically which in turn allows a reduction of degrees 
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of freedom in a model (Jayachandran and Bonilha 2002). On the other hand, because SEA 
relies on averaging in the space and frequency domains, the method can not predict the 
effect of small spatial variations (Jayachandran and Bonilha 2002). 
To apply the SEA in vehicle interior noise analysis one has to model in a proper manner 
the subsystems, structural or acoustic, and to consider a high frequency region and broad-
band excitation, for example due to road irregularities. This approach is not suitable for 
studying interior noise caused by harmonic exiting forces, e.g. due to engine unbalances. 
4. The use of other methods in modelling vehicle interior noise 
Except for the considered numerical and statistical methods discussed so far, vehicle 
interior noise could be modelled by different combinations of above mentioned methods 
mainly to extend their application in middle frequency range and by some methods 
orientated mainly to the practical aspects of reducing vehicle interior noise in already 
existing car models. Among the methods combining different features of basic numerical 
and statistic methods, one could mention: hybrid FE/SEA, SEA/modal analysis and energy 
FE methods. Other useful approaches for interior noise analysis considered here are: panel 
noise contribution analysis, Noise Path Analysis (NPA), and the use simplified reduced-
scale models. 
According to Shorter et.al. (2003), the development of new methods for describing 
dynamic behavior of a structural-acoustic system in middle frequency range was not 
necessary. Instead, the solution of middle frequency problems could be provided by a 
hybrid method combining deterministic and statistical description of a given structural-
acoustic system. A comprehensive insight in the theory of hybrid methods was proposed 
recently by Shorter and Langley (2005). The main idea behind these methods is that the 
mechanical system is partitioned into a number of subsystems surrounded by deterministic 
(boundaries which properties could be identified precisely) or random (boundaries which 
are assumed to be very uncertain). Thus, the dynamic behaviour of the subsystems of the 
first kind could be analysed using FEM or BEM, whereas those of the second type - using 
statistical methods. Finally, the solution is assembled by the solutions of the two kinds of 
subsystems. 
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Another useful technique, covering middle frequency range, combines SEA and modal 
analysis. Bonilha and Fahy (1999) applied this combination on a simple mechanical 
system, a rectangular box structure with one flexible wall, and later the method was 
adopted by Jayachandran and Bonilha (2002) to model structural-acoustic interior noise in 
a rotorcraft. The main idea is to couple SEA used for modelling vibrating structure (high 
modal density in the considered frequency tange) and modal model of interior acoustic 
space (low modal density in the considered frequency range). Thus, combining the 
strengths of two individual modeling approaches, the hybrid method provide accurate 
results in the middle frequency range. 
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Figure 2.3: An exemplary vector diagram of panel contribution analysis (Nefske and 
Howell1978) 
Except for middle frequency range, new methods have been developed for high frequency 
range. One of such methods is Energy Finite Element Analysis (EFEA). This approach is 
based on deriving the governing differential equations in terms of energy density variables 
and uses FEM for their numerical solution (Zhang et.al. 2001). Although SEA and EFEA 
operate in the same frequency range, the first one employs modal approach for solving 
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differential equations, whereas the latter one - wave approach. EFEM was successfully 
used by Wang and Bernhard (1999) and Wang et.al. (2001) for studying interior noise in a 
heavy equipment cab and in a trimmed van, respectively. 
In the recent years, vehicle interior noise analysis based on Nefske et.al. (1982) has been 
improved incorporating some specific methods, such as sensitivity analysis and methods 
for identification and optimization. The idea is to identify the panels which contribute most 
to the interior noise levels and treat them with absorbing or damping materials for an 
effective sound reduction (Mohanty et.al. 2000). Because the resultant sound pressure at 
certain acoustic point is complex quantity, the sound pressures at the same point could be 
presented as vectors (see Fig. 2.3) with their amplitudes and phases (Nefske and Howell 
1978). The effect of individual panels could be in phase or anti-phase which in turn could 
cause the panels to generate positive or negative contribution to the resultant sound 
pressure (Jennequin 1971). This is why only the positive individual panels should be 
treated in order to obtain an effective interior noise reduction (Zhang et. al. 1995). 
Similarly to the panel contribution analysis, another technique attempts to rank the 
contribution to resulting interior noise of various routes for noise transmission and it is 
often referred to as Noise Path Analysis (NPA) (Roberts and Anderson 1994). In most of 
the cases the paths which are of particular interest for this analysis include all engine 
mounts, exhaust hangers, gearshift connections and suspension points. Combining the 
calculated force at an input point and measured noise one can estimate the contribution of 
each noise path. Once the noise paths are identified, a treatment of those which contribute 
most to the resultant interior noise could be performed (Roberts and Anderson 1994). It 
should be mentioned as well that significant drawback for panel contribution analysis and 
NPA is that they are conducted only for a particular frequency. They could not guarantee 
that the treated panels or noise paths will reduce the resultant interior noise at some other 
frequency of interest. 
NPA is also used as a component in Virtual Car Sound (VCS) simulations. VCS is an 
advance modelling techniques allowing designers to listen and evaluate the interior sound 
while driving interactively with throttle, brake and gear (Janssens et.al. 2004). Integrating 
NPA in the concept of VCS allows evaluating the sound quality impact of structural design 
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changes. In fact, virtual prototyping is also used in other areas, such as evaluation of sound 
emissions of machines (Moorhouse and Seiffert 2006) or in dynamic analysis (Fu et. al. 
2006). Although VCS simulation has an innovative aspect, it should be noted that currently 
the sound in real cars still differs from the predicted by VCS (Janssens et. al. 2004). 
It is a common practice that theoretical results are validated by comparing to the 
experimental ones. In some cases the experimental models represent simplified reduced-
scale replicas of real vehicles similar to those that are used in the current thesis. This is 
why in the following section the known simplified vehicle models are described in more 
detail. 
In particular, purely acoustic experiments have been conducted on scale replicas of vehicle 
interiors with walls described by rigid boundary conditions (e.g. Jha 1976, Lee et. al. 1994, 
Nakanishi and Gerges 1995, Schroeder 2001, Gorman and Krylov 2004). In the examples 
reported by Jha (I 976) and Lee et. al. (I 994), the simplified model was a I :2 scale replica 
of the passenger compartment of a saloon car, made of acrylic plates. Nakanishi and 
Gerges (1995) studied acoustic properties of a I :4.5 scale cavity that simulated a light 
truck cabin. The reduced-scale model was constructed from 2 mm thick wooden plates. 
Gorman and Krylov (2004) and Schroeder (2001) simplified their models to equivalent 
rectangular cavities having the same volume as the actual enclosure in order to calculate 
acoustic response. 
Except for purely acoustic experiments, such models have been employed also for purely 
structural investigations (Nosseir and Dickinson 1971), for combined structural-acoustic 
analysis (Kim and Lee, 1998), for demonstration of different optimization procedures 
(Marburg et.al., 2002), and for active noise control (Song et.al., 2003). 
Nossier and Dickinson (I 971) presented three simplified reduced-scale model structures of 
car bodies in order to investigate the applicability of FEM to vibration analysis of vehicle 
bodies. The first model was rather simple, representing a plane frame composed of beam 
members only. It could be considered as an approximation to a vehicle's chassis. The 
second one incorporated the first model, the plane frame, and a metal panel attached to the 
frame, thus, modelling the under-body of a car. The last model involved the first two and 
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also some important car sections, such as boot, engine and compartment sections. All three 
models have been made of metal beam and plate elements. 
Kim and Lee (1998) used a simplified model in order to verify the proposed computer 
programme package for noise reduction and design modification. The first replica 
represented a half scale simplified vehicle compartment made of plastic - for purely 
acoustic investigations. The second replica was made of metal plates - for purely structural 
experiments. Marburg et.al. (2002) studied an optimization procedure which had to be 
verified using experimental data. The authors used a simplified model in order to avoid the 
difficulties related to the production of two identical complex structures (with and without 
optimised panels). The model itself consisted of two beam frames and six flat panels. 
Joined together these elements formed a flexible box structure with an external beam 
construction. Also, similar models, such as rectangular box structures with all flexible 
walls, were used for verification of sensitivity and optimization procedures by Luo and 
Gea (2003), Hagiwara et. al. (2003), and Kozukue and Hagiwara (1996). 
Park and Park (1997) used a half scale simplified model of a vehicle compartment in an 
attempt to replace FEM in middle and high frequency range, with more accurate results 
following from experimental analysis. The model was built with beams and plates and 
about 150 FRFs were measured. As a result of using this simplified reduced-scale model, 
it was verified that the interior noise level has been reduced by about 3 dB. 
Song et.al. (2003) presented an active vibration control system in order to reduce the 
interior noise. The model used for this investigation was a half-sized 3D simplified vehicle 
model. The initial structural data measured from the model were used in defining the 
positions of actuators. As a result of applying this advanced approach, the interior noise 
levels and structural vibrations were mitigated. Once again, the use of a simplified 
reduced-scale model in this case assisted in verification of a new engineering approach for 
vehicle interior noise analysis. 
As it can be seen from the cited papers above, the role of simplified reduced-scale models 
was rather limited in these investigations. Their main purpose was to assist in verification 
and validation of newly proposed numerical approaches and practical methods for vehicle 
interior noise analysis and mitigation. So far, simplified reduced-scale modelling has not 
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been employed in its full potential as a tool for vehicle interior noise analysis. In particular, 
it has not been used as a complete methodology having the ability to model the essential 
features of vehicle structures and to investigate their influence on structure-borne vehicle 
interior noise. 
5. Conclusions 
In this section, a review of previous works on vehicle interior noise analysis using various 
methods and approaches has been presented. Particular attention has been drawn to papers 
considering analytical and FE analysis of certain structural-acoustic systems, keeping in 
mind that some analytical calculations and FE simulations are to be conducted further in 
the thesis. Other methods, such as: BEM, SEA or hybrid methods, have been described 
from an informative point of view in order to draw an entire picture of the existing 
methods and approaches to vehicle interior noise analysis. 
An immediate conclusion from the presented literature survey is that vehicle interior noise 
can be studied using a number of methods and techniques. Any of them has its own 
advantages, disadvantages and areas of application, but none of them can pretend to cover 
all aspects of vehicle interior noise analysis or to be applicable in the entire frequency 
range. Furthermore, it is obvious that there is a big difference between analytical, on one 
hand, and numerical and statistical, on the other hand, models of structural acoustic 
systems. The analytical ones can be applied only to simple geometries, such as rectangles 
and cylinders. The existing numerical and statistical models, on the other hand, are rather 
complex in order to achieve an acceptable precision. Obviously, there is a gap between 
these two types of models used in vehicle interior noise analysis, which makes the 
interpretation of the obtained numerical data difficult or impossible. Therefore, there is a 
scope for further development of modelling approaches to vehicle interior noise analysis to 
overcome this gap. 
In the last section of the literature review, a number of papers have been discussed where 
simplified reduced-scale models were used. In all of them, the experimental models have 
been employed in order to verify certain modelling approaches to noise reduction, such as 
active noise control, sensitivity and optimization procedures or structural modifications. In 
all the papers reported, simplified reduced-scale models played a secondary role in favour 
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of other methodologies. None of the papers used simplified reduced-scale models as a 
potential tool for carrying out a complete vehicle interior noise analysis. This is why in the 
current thesis, simplified reduced-scale models are developed as a reliable tool for 
theoretical and experimental modelling of vehicle interior noise. 
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Chapter 3 
Theoretical background 
1. Introduction 
As has been mentioned in chapter 1, the main approach in the present thesis for studying 
and investigating interior noise is the use of simplified reduced-scale models which are 
sufficiently informative. In this case the use of numerical and experimental techniques is 
the only way for simulating and analyzing the associated interior noise. However, in most 
cases the acquired results from non-analytical approaches are fairly complex and barely 
liable to an analysis or explanation. In this case, two factors could facilitate and support 
further interior noise analysis: the use of an approximate analytical formulation and the 
good understanding of underlying numerical and experimental methods. These two 
premises could be vital for establishing certain physical phenomena or simply some 
frequency patterns. 
In order to support numerical and experimental techniques the simplest analytical model, a 
rectangular box structure with one flexible wall, is presented and profoundly studied in the 
first part of this chapter. In fact this analytical procedure was adopted from Krylov (2002) 
where the author tried to predict the associated interior noise in a simplified non-circular 
shell structural-acoustic model. The analytical formulation for acoustic pressure inside the 
model provides useful information about model's parameters which form the resulting 
interior noise and their effect on noise reduction. This information in turn will be used 
further in the thesis to facilitate the analysis and interpretation of obtained experimental 
and numerical data. 
In the second part of the chapter the mathematical formulation of a structural-acoustic 
finite element problem is presented. The main point is to elucidate the theory behind the 
commercial structural-acoustic finite element programs, which in turn helps to deal with 
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and analyse the obtained results. This formulation was derived by Petyt (1983) where 
structural-acoustic problems were studied using different numerical methods. In this 
formulation some fundamentals of FEM are presented from a structural-acoustic point of 
view. 
The theory described in the current chapter is essential for studying interior noise using 
analytical and finite element approaches. Although there is a number of published methods 
and theories in the area of interior noise, these brief theoretical notes represent the 
necessary minimum which one should know in order to understand interior noise analysis 
using these two different modelling methods. 
2. Calculation of acoustic pressure in a rectangular box structure 
with one flexible wall 
2.1 The velocity potential of acoustic field in an enclosed volume 
The generated acoustic field inside an enclosed volume V can be described using the 
potential rp related to air particle velocity v and acoustic pressure p as: 
v=gradrp and p=-p, ~, where p, is air density. (3.1) 
s 
V 
Figure 3.1: An enclosed volume V surrounded by structureS (Krylov 2002) 
Any of these variables, potential or acoustic pressure, should satisfy the corresponding 
acoustic wave equation inside the surrounded volume V and the boundary conditions on 
the internal walls S (see Fig. 3 .I). 
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A time-harmonic acoustic field inside any closed volume V surrounded by a surface area S 
can be expressed using Helmholtz theorem (Junger and Feit 1972): 
q1(r) = ff(G(r,r') oq1(r') 
s on 
q1(r') OG(r, r'))ds + IJf f(r')G(r,r')dV. 
On V 
(3.2) 
The integration is over the surface areaS and over the volume V, and the equation (3.2) is 
not valid outside this volume. The function G is the acoustic Green's function satisfying 
the inhomogeneous Helmholtz equation: 
(3.3) 
and certain boundary conditions, where k = ~ is the acoustic wavenumber, c0 is sound 
Co 
velocity, cS(r- r') is a 3 dimensional Dirac delta-function, n is a unit vector of inward 
normal to the surface, and f(r') is a distribution of internal sources. 
If the Green's function satisfies the Neumann boundary condition on the surface S, 
~ = 0 and it is assumed that there are no internal sources within the volume, V, then it 
follows from Eq. (3.2) that: 
q1(r) = JJ G(r,r') oq1(r')dr', 
s On 
(3.4) 
where according to the boundary conditions imposed upon the acoustic field on S , the 
normal components of acoustic particle velocity should be equal to the normal components 
of structural velocity on the boundary: 
(3.5) 
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2.2 Acoustic modes of rectangular box structure 
So far the potential (/1 of the generated acoustic field inside an enclosure with volume V 
and surrounded by the surface S has been expressed. Analysing Eq. (3.4) one can note that 
the potential depends on the Green's function for the enclosed volume and the normal 
component of surface velocity. In the following the Green's function is expressed as the 
sum of acoustic modes characterised by their resonance frequencies rom, attenuation lim 
and modal shapes <I>m(r) (see, e.g. Filippi et. al. 1999}: 
(3.6} 
The coefficients am depends on shape of the enclosure and on mode type: for axial modes 
(two of the indexes ij,k are zero) am= 2, for tangential modes (one of the indexes is zero) 
am = 4, for oblique modes (all indexes are different from zero) am = 8 , and for the first 
acoustic mode with indexes (0, 0, 0) am =I. Obviously, the Green's function of an 
enclosed volume depends on its geometry, and analytical expressions for its natural 
frequencies and mode shapes are available only for few simple enclosed volumes, such as 
a rectangle. Let the rectangle have dimensions L. , Ly, Lz and volume V = L.LyLz . In 
this case the natural frequencies and mode shapes can be expressed as (Morse and Ingard 
1968): 
(3.7) 
, {btxJ {jnyJ (knzJ <I>ijk (r, r) = co Lx CO Ly cos Lz . (3.8} 
Substituting Eq. (3.6} into Eq. (3.4} follows to: 
(3.9} 
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2.3 Structural response of the flexible wall due to a driving force P 
The effect of fluid loading on structural vibrations can be neglected for light fluids, such as 
air. In this case the flexible wall of the rectangle can be presented as a simply supported 
plate with dimensions L. and Ly, and its surface velocities can be expressed using 
structural Green's function G(p,p') that should satisfy the equation of plate flexural 
vibrations (Junger and Feit 1972): 
(3.10) 
and the boundary conditions for simply supported edges. In Eq. (3.10) w is the flexural 
displacement ofthe plate surface, D=Eh;/12(1-cr2 ) is the plate's bending stiffness, E, 
p, and h, are its Young's modulus, mass density and thickness respectively, 
ll(p- p') = ll(x- x')ll(y- y') is a 2-d Dirac delta-function. The natural frequencies and modal 
shapes of this plate can be expressed as follow (Soedel1981): 
(3.11) 
(3.12) 
Keeping in mind Eq. (3.11) and (3.12) the Green's function of such a plate can be 
expressed as: 
(3.13) 
where M = p,h,L,Ly is the total mass of the plate. 
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Since normal particle velocities, v. are required in Eq. (3.9) the Green's function, 
Eq.(3.13), which concerns the flexural displacements, w, should be multiplied by -iro. In 
this way one can obtain the mobility function. Moreover, the surface velocities depend on 
the normal stresses P(p') applied to the structure, in this case the resulting distribution of 
normal particle velocity v n can be expressed in the form: 
v 0 = -iro Jf G(p, p')P(p')dp'. (3.14) 
s 
In particular, if a concentrated force with coordinates (xr,y r) is applied to the structure 
then the normal stress can be expressed using Dirac's delta function: 
P(p') = Po(x'- xr )o(y'- y r). 
Substituting Eq. (3.15} back into Eq. (3.14} produces the following expression: 
V n = -iro If G(p, p')Po(p'- Pr )dp'' 
s 
which after integrating and using the properties of delta function gives: 
v. = -iroPG(p,pr). 
2.4 Calculation of dynamic forces applied from road to a vehicle 
(3.15) 
(3.16) 
(3.17) 
Since the rectangular box structure roughly simulates a vehicle body, the driving force 
applied to it should model the disturbance acting on a vehicle. In practice, the sources of 
disturbance are mainly road irregularities, air loading and engine and transmission 
vibrations. For the purposes of this research only the dynamic force from road irregularities 
is considered. To simulate road irregularities one should take into account vehicle's 
suspensions which transmit the force to the vehicle structure. In the following analysis for 
the sake of simplicity only one vehicle's wheel is presented and the road profile is 
determine by a simple harmonic function such as: z1(t) = hcos(rot), where h is the height 
of the profile, ro = 27tV/d, vis vehicle's speed and d is the periodicity of the road profile. 
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For the sake of simplicity, the mass of the vehicle model will be considered as infinite 
compared to the mass of the vehicle wheel axle. This assumption means that the vehicle's 
structure is stationary in vertical direction. This is particularly true when bounce and pitch 
frequencies of the car body are well below the driving frequency of the disturbing force 
induced by road irregularities. Moreover, increasing the vehicle's speed !tiads to increasing 
of the driving frequency. Thus, accepting that the vehicle is in an operational regime one 
can disregard the vehicle structure's vertical motion to simplify the derivation of the 
disturbing force resulting from road irregularities. A simplified schema of this dynamic 
model (quarter-car model) can be seen in Fig. 3.2. 
X 
d 
Figure 3.2: Quarter-car model used for calculations. 
The differential equation describing vertical displacement z2 of one of the vehicle's 
wheels with respect to its static position has the form (Wong 1993): 
(3.18) 
where K = K1 +K 2 is the total stiffness of the tyre and the suspension, Mw is the mass of 
the wheel, and Q is a total damping coefficient. The solution of Eq. (3.18) in the Fourier 
domain has the form: 
(3.19) 
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Then the force exerted on the vehicle from the suspension can be written in the form: 
(3.20) 
2.5 Calculation of acoustic pressure in the rectangular box interior 
So far the Green's function G(r,r') for enclosed fluid inside the rectangular box was 
expressed including natural frequencies fijk and mode shapes <l>ijk . Later the normal 
particle velocity V 0 was determined using Green's function G(p,p') governing the 
structural response of the simply supported rectangular flexible wall and the dynamic force 
from road irregularity. Structural natural frequencies fst and modal shapes 'Pst were 
defined as well. In the following all derived quantities are substituted in the expression for 
acoustic potential q~(r) and the acoustic pressure response inside the rectangular box 
structure with one flexible wall is determined. 
First of all bearing in mind Eq.(3.13), Eq. (3.17) can be substituted into Eq. (3.9) and the 
expression for acoustic potential can be written as: 
(3.21) 
Rearranging Eq. (3.21) according to quantities which do not depend on the integration and 
summation process, quantities depending on summation over acoustic and structural modes 
and quantities depending on integration over the structural-acoustic interface one can write 
Eq. (3.21) in the form (Krylov 2002): 
q~(r) 
Introducing two new non-dimensional quantities: 
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(3.23) 
and 
which are known respectively as "frequency overlap function" and "modal coupling 
coefficients", one can rewrite Eq. (3 .22) as follows: 
Q'(r) = (3.25) 
To express the acoustic pressure inside the rectangular box one should use the relation 
between acoustic potential and pressure, namely: 
&p. 
p=-p, at=IOlp,<p. (3.26) 
Then the pressure can be written in the form (Krylov 2002): 
(3.27) 
3. Finite element analysis of structural-acoustic problems 
The basic principles underlying FEM have been described by many authors (see, e.g., 
Zienkiewicz and Taylor 2000; Bathe 1982; Cook et. al. 2001; or Petit 1990). Consider, for 
example, an enclosed fluid in which the distribution of unknown pressure is to be 
calculated. Firstly, the fluid is divided into an assembly of subdivisions called elements, 
which are considered to be interconnected at joints, known as nodes (Petyt 1983). The 
pressure is assumed to act over each element in a predefined manner, with the number and 
type of elements chosen so that the pressure distribution through the whole volume is 
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adequately approximated by the combined elemental representations. The pressure 
distribution across each finite element may be defined by a polynomial or a trigonometric 
function. After the discretization, the governing equations for each element are calculated 
and then assembled to give the system equations (Petyt 1983). Thus, once the system 
matrix equations are derived, the further calculations are simply a question of substituting 
the nodal coordinates, fluid characteristics and loading conditions into the system of 
equations. The following sections describe the application of finite element techniques to 
irregular shaped cavities with both rigid and flexible walls. 
3.1 Finite element analysis of irregular shaped cavities with rigid 
boundary conditions 
Before proceeding to finite element analysis of structural-acoustic problems it is relevant to 
be reminded again of few basic things. Acoustic pressure in an enclosed volume V is 
governed by the wave equation. Assuming that acoustic pressure can be expressed as a 
harmonic function and replacing it back into wave equation, one can obtain Helmholtz 
equation. Moreover, if no internal sources within the volume V are presented then 
Helmholtz equation stays homogeneous. Besides the Helmholtz equation, finite element 
analysis depends on boundary conditions. In this section rigid wall boundary conditions are 
considered which means that sound waves are perfectly reflected by the structural walls 
and the particle speed at the boundary is zero. That is why Eq. (3.5) can be rewritten as: 
Op =0. 
On 
(3.28) 
where n is the outward normal to the surface. Now using FEM one can solve Helmholtz 
equation with the corresponding boundary conditions, Eq. (3.28), and obtain the natural 
frequencies and spatial patterns of the fluid inside the cavity. 
3.1.1 Approximate methods 
The exact solution ofHelmholtz equation is possible only for cavities with simple shapes; 
this is why numerical analysis is the only option for irregular shaped enclosures. There are 
several methods of obtaining approximate solutions. Some of them are referred to as 
weighted residual techniques. These methods seek a solution in the form: 
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n 
p = L4>i(x,y,z)a.i, 
j=l 
41 
(3.29) 
where the 4>i(x,y,z) are prescribed functions of position, which are linearly independent, 
and the ai are unknown parameters. 
Introducing Eqs. (3.28) and (3.29) into the Helmholtz equation will produce errors, that is: 
and 
Op =e2 *0 on S On 
(3.30) 
(3.31) 
The parameters a. i are determined by requiring, that the weighted average of the errors is 
zero, that is (Petyt 1983): 
(3.32) 
In this equation a particular type of weight function Bp was used which is given by: 
n 
Bp= L4>iBa.j. (3.33) 
j=l 
Now applying Green's theorem to the first term in Eq. (3.32) gives: 
-f Vp.V(Bp )dv + f(~)2 p8pdV = 0 
V V Co 
(3.34) 
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This equation can be written in an alternative variational form: 
(3.35) 
Substituting Eq. (3.29) into Eq. (3.35) gives a set of linear equations for the parametersa.i. 
The described procedure is known as Rayleigh-Ritz method. Convergence to the true 
solution is obtained as the number of terms in Eq. (3.29) is increased, provided the 
functions <!> i satisfy the following conditions: 
• they are linearly independent 
• they are continuous and 
• they form a complete series 
Note that the first term in Eq. (3.35) is proportional to the kinetic energy of the fluid whilst 
the second one is proportional to the strain energy of the fluid. 
3.1.2 Finite element formulation 
In order to analyse truly tree-dimensional cavities, such as automobile compartments, it is 
necessary to use three-dimensional elements. Here in this analysis a 20-node finite element 
is considered (see Fig. 3.3). In this case the pressure can be written as: 
Figure 3.3: 20- node finite element 
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20 
p = LN;(~, T),i;;)P;, (3.36) 
j=l 
where the functions N j are called shape functions. Each shape function is associated with 
one particular node, identified by the subscript. The same functions are used not only for 
pressure variations, but also for geometry variations. Thus, 
20 
x=l:N;xj, 
j=l 
(3.37) 
The shape functions N;(~, T),i;;) are defined as follows (Petyt 1990). For the corner nodes 1 
to 8: 
(3.38) 
where ~0 = ~~j, TJo = Tlllj, 1;;0 = i;;i;;j and (~j, TJj,i;;j) are the non-dimensional coordinates of 
node j. For the mid-edge nodes 9, 11, 17, 19: 
(3.39) 
For the mid-edge nodes 10, 12, 18,20: 
(3.40) 
and for the mid-edge nodes 13, 14, 15, 16: 
(3.41) 
Substituting Eqs. (3.36) and (3.37) into the integrals in Eq. (3.35) gives the following 
equations for a single element: 
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·where 
I I I 
[k ). = J J j[B f [B )det[J )d~dT]d/; 
-1-1-1 
} I I I 
[m). = - 2 J J f[N Y[N )det[J ]d~dT]d/;. 
Co -1-1-1 
In these expressions e is the length of the tree-dimensional finite element, 
Ox 
-
a; 
[J)= Ox 
8Tj 
Ox 
-
iX, 
()y 
8~ 
()y 
8Tj 
()y 
iX, 
8 
8~ 
[B)= [J)-1 j_ 
8Tj 
8 
iX, 
8z 
-
a; 
8z 
OT]' 
8z 
-
iX, 
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(3.42) 
(3.43) 
(3.44) 
(3.45) 
(3.46) 
(3.47) 
(3.48) 
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The next step is to relate the degrees offreedom of a single element to the set of degrees of 
freedom for the complete system, {p}. For element e it can be written: 
{p}, =[a], fp}, (3.49) 
where 
{py = [p, Pz · · · pJ, {3.50) 
if the system has n degree of freedom. The matrix [a l can be easily developed following 
the assembly procedures. Now the system's mass and stiffness matrix can be written as: 
n [M,]= I[a};[ml[al and {3.51) 
e=l 
Having the mass and stiffness matrices, one can rewrite the wave equation in finite element 
formulation (Petyt !983): 
[M,]{p}+[K,]{p}= 0, (3.52) 
and the matrix eigenvalue problem can be written as: 
(3.53) 
Thus, the matrix equation of free vibrations of the fluid (Eq. (3.52)) has been derived. 
Solving Eq. (3.53), one can determine the natural frequencies of the enclosed fluid roi and 
the spatial pattern of their distribution inside the cavity fp }i . The number of natural 
frequencies and relevant spatial pattern depends on the size of the system's mass and 
stiffness matrices. The condition that Eq. (3 .53) has non-zero solution is that the 
determinant of the coefficients should vanish, that is: 
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(3.54) 
This condition can be expanded to give a polynomial of degree n, if the matrix order of 
[K.) and [M.) is nxn, in ro 2. The polynomial will have n roots which are called 
eigenvalues. For each eigenvalue there exists a non-trivial solution of Eq. (3 .53) which 
gives n vectors of the pressure {p} called eigenvectors. An eigenvector is arbitrary to the 
extent that a scalar multiple of it is also solution ofEq. (3.53). It is convenient to choose 
this multiplier in such a way that {p} has some desirable property. The most common 
procedure is the eigenvectors to be normalized in such way that its largest component is 
unity. 
3.2 Finite element analysis of irregular shaped cavities with flexible 
boundary conditions 
In practice, irregular shaped cavities have part of the bounding surface which is flexible 
and part of it which is covered by sound absorbing materials. Examples of this include the 
interior of automobiles and aircrafts. The acoustic finite element analysis described in the 
previous section is now extended to this situation. 
3.2.1 Boundary conditions and equivalent variational principle 
For the purpose of this analysis we consider a cavity of volume V enclosed by a flexible 
and vibrating surface with a normal velocity v •. Within the volume V the acoustic pressure 
p must satisfy the Helmholtz equation. Over the bounding surface the fluid particle 
velocity normal to the surface is equal to the normal velocity of the surface. This means 
that the boundary conditions can be expressed as follows (Petyt 1983): 
Op . 
8n =-Ip.rov •. (3.55) 
An approximate solution of Helmholtz equation subject to the boundary conditions 
expressed by Eq. (3.55) can be presented in the same way as Eq. (3.33). Replacing Eq. 
(3.41) into the left hand sides ofHelmholtz equation and keeping in mind Eq. (3.55), one 
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can determine the errors resulting from this approximation. Requiring the weighted 
average of these errors to be equal to zero one can determine the parameters ai in Eq. 
(3.33), that is: 
(3.56) 
Applying Green's theorem to the first term in Eq. (3.56) (Petyt 1983) gives: 
- fvp.V(op )dv + J(~J2 popdV- fip,rov .opdS = o 
V V Co S 
(3.57) 
or in the alternative form: 
(3.58) 
Thus, the Helmholtz equation and the boundary conditions Eq. (3.55) have been replaced 
by the equivalent variational principle Eq. (3.58). 
3.2.2 Finite element formulation 
The volume V can be considered as an assemble of three-dimensional finite elements. The 
pressure distribution within a finite element is approximated in the global coordinate 
system by in the form (Zienkiewicz and Taylor 2000): 
p = [N(x,y,z)], {p},. (3.59) 
Thus, the first two terms in Eq. (3.58) can be evaluated in the way described in the 
previous section: 
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v, 
J J, p 2dV = {p}![m), {p}, 
Ve Co 
where 
0 
Ox 
[kl = f[B);"[BldV, [ml = J ~[N);"[NldV and [Bl = ~ [Nl. 
v, Co 8y v, 
0 
Oz. 
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(3.60) 
(3.61) 
If one finite element is in contact with the vibrating surface S it will contribute to the 
surface integral in Eq. (3.58). Denote the variation of pressure over the surface of an 
element by [N a l- This shape function is obtained from the function [N l reduced to the 
surface area. For example, in the case of 20-node isoparametric finite element the variation 
of pressure over one of its surfaces will be given by the function defined for an 8-node, 
surface element. In this regard, the normal velocity distribution over one surface element 
ofS (assumed identical in shape to one face of an acoustic element), is approximated by: 
v. = [N,l {v}., (3.62) 
where {v }. is a vector of nodal velocity values. 
Substituting the pressure, Eq. (3.59), and velocity variations, Eq. (3.62), into the surface 
integral in Eq. (3.58) gives (Petyt 1983): 
J ip, rov .pdS = iro[p )~ [s ), {v }, , (3.63) 
s, 
where: 
[sl = fp.[N.f[NJdS. (3.64) 
s, 
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The next step, after finding the element matrices, is to assemble the system matrices [M.], 
[K.] and [s]. Substituting the system matrices into Eq. (3.58), one can derive the equation: 
~K. ]- ro 2 [M, ]j{p} = -iro[s]{v}. (3.65) 
Keeping in mind that p = pexp(jrot) and substituting it into Eq. (3.65), one can write the 
governing equation of pressure fluctuations inside a cavity bounded by flexible and 
vibrating surface in finite element formulation as follows: 
[M, ]{ji}+ [K.]fp}= -iro[sRv}. (3.66) 
3.2.3 Structural-acoustic interaction 
Consider that the structure is subject only to the fluid loading. In this case the governing 
matrix equation of the bounding structure can be written as (Nefske et. al. 1982): 
[M,]{w}+[K,]{w}=-1 [srfp}, 
P, 
(3.67) 
where the term in the right side represent the external loading due to the acoustic pressure 
acting on the structural surface. Bearing in mind that {v}=-i{w}/ro in Eq. (3.66), the 
coupled matrix equation can be written as follow: 
[ [M.] o ]{~}+[[K,] ~[sf]{w}=o. 
-[S] [M,] p 0 (K.] p (3.68) 
Eq. (3.68) gives the structural displacement and the acoustic pressure. This equation has 
been used widely for interior noise analysis in buildings, aircraft and automobiles. If the 
fluid contains sources of volume velocity, a vector of generalized forces must be added to 
the right-hand side of Eq. (3.68). If the structure is subject to applied forces as well, a 
vector of generalized applied forces must be added to the right-hand side ofEq. (3.68). For 
example, if an arbitrary force F is applied to the structure, Eq. (3 .68) can be written as 
(Nefske et. al. 1982): 
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[(M,] 0 l{~}+[(K,] i--(sf]{w}={F}· 
-(S] (M.]j p O (K.] p 0 (3.69) 
The frequency response of such a coupled structural-acoustic system could be derived 
using modal analysis method. Assuming that the external force, structural and acoustic 
response can take a harmonic form then from Eq. (3.69) one can yield the following 
equation: 
(3.70) 
Since the mass and stiffness matrices are non-symmetric (see Eq. 3.69) in a coupled 
structural-acoustic system, there are two sets of eigenvectors, referred to as the "left-hand" 
and the "right-hand" vectors. Both sets of vectors are required for a full reconstruction or 
description ofthe system's dynamic behaviour. The right and left eigenvalue problem can 
be formulated as (Luo and Gea 2003): 
[
[K,] :. [Sf lJ A.,}= [A][[M,] 0 ]{A.,}' 
0 [K,] jlA., -[S] [M,] A., (3.71) 
{X' X' {[K,] _1 [S]Tl = [A]T I' {[M,] 0 ] 
' • P' lll., ' - [S] [M ] ' 
0 [K,] • 
(3.72) 
where A is the eigenvalue matrix; A.,, A., and I,, I, are the right and left eigenvectors 
respectively corresponding to the structural and acoustic fields. 
The forced frequency response can be expanded by the right eigenvectors of the coupled 
system as: 
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(3.73) 
where I; is the coefficient matrix. Inserting Eq. (3.73) into the governing equations ofEq. 
(3.70) one can derive: 
-coz[[M,] 0 l{A.,} + [[K,] 1-[sf]~;{A.,} = {F}. 
-[s] [M.U A., o rK.] A., o (3.74) 
Then premultiplaying both sides by left eigenvectors gives: 
[-·'~ x:{~~ [~Jj~}~ 1t 1 :i~~,J~:J}=~ >:~~) 
(3.75) 
Now using Eq. (3.71) and M-orthonormal condition of the coupled system which can be 
stated as: 
kT ,. f[M,] 0 ]{A.,} 
l"'• A.,l_ [S] [M,] A., =[I] (3.76) 
one can find: 
(3.77) 
The final form of the forced frequency response can be expressed combining Eqs. (3.73) 
and (3.77) (Luo and Gea 2003): 
(3.78) 
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4. Conclusions 
In this chapter some theoretical aspects of interior noise analysis have been considered and 
elucidated. In the two theoretical approaches for simulating interior noise, analytical and 
numerical, particular problems were revealed and discussed. 
The analytical approach includes a mathematical formulation of the problem for structural-
acoustic interaction of an enclosed fluid by a surrounding structure. In this analysis a full 
coupling between structure and fluid was not covered as being not important for vehicle 
interior noise analysis. Although further analytical study of simplified compartment 
models is not carried out in this work, the results of this exercise are very important for 
supporting and interpreting the numerical and experimental results obtained in the 
following chapters. 
As far as the numerical approach is considered, the basic principles underlying the FEM 
for acoustic analysis have been discussed. The governing matrix equation of free vibrations 
of a fluid enclosed by acoustically hard and flexible walls were given. The corresponding 
eigenvalue problems were specified as well. At the end, using specific formulation for 
"left" and "right" eigenvectors, the solution of the governing matrix equation was 
explained. For the sake of simplicity this analysis does not include damping characteristics 
of structure and fluid. Nevertheless, it is thorough enough to expose the mathematical 
theory behind a typical FE software program. 
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Chapter 4 
Case study: a rigid rectangular box with one 
flexible wall 
1. Introduction 
The simplest analytical structural-acoustic model, a rigid rectangular box structure with 
one flexible wall is well known and it was studied in the literature by many authors 
including: Lyon (1963), Pretlove (1965, 1966), Guy and Bhattacharya (1973), Pan and 
Bies (1990a, 1990b). However, it was investigated mainly from an acoustical point of 
view. In these papers, the main purpose was to understand the physical meaning of fluid-
structural coupling and its effect on fluid response inside the cavity for different systems, 
particularly for well-coupled systems. Another common task was to evaluate the sound 
reduction inside the rectangle when the flexible panel was excited by an external acoustic 
source. In this regard, the current analysis does not simply repeat already established 
procedures for fluid-structural analysis, but it is a bid for applying them in the specific area 
of vehicle interior noise. This is why vehicle suspension parameters are involved in the 
calculation of interior noise and their effects on sound pressure responses are evaluated. 
In particular, using Eq. (3.27), derived in chapter 3, the acoustic pressure inside a particular 
rectangular box structure with one flexible wall is tested for two cases of the driving force. 
In the first case a simple harmonic force is applied directly to the flexible wall as vehicle's 
suspension is not represented. In these calculations the parameters which form the acoustic 
pressure are under examination and evaluation. Moreover, a comparison with finite 
element data is conducted as the purpose is to assure that both procedures, analytical and 
numerical are reliable enough and can be applied to a further investigation on more 
complex structural models, particularly the finite element approach. In the second case the 
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vehicle's suspension is taken into account and the effect of alteration of its modal 
parameters on acoustic response inside the enclosure is of particular interest. 
The parameters used in both cases are as follows: c0 = 343, rnls and p, = 1.29, kg/m
3 
are 
sound velocity and mass density of air, h, = 0.0012, m and p, = 7950, kg/m3 are 
thickness and mass density of the non-circular cylindrical shell, Lx = 1.0, m, Ly = 0.6, 
m, and Lz = 0.5, m are the geometrical dimensions of the rectangular model under 
considerations, 15m =romi!OO and oP =rop3/100 are acoustic and structural modal 
attenuation decrements. For the analytical calculations, the first 30 acoustic and 100 
structural modes have been taken into account. 
2. Case study simulation without vehicle suspension 
The driving force applied to the flexible wall is a simple harmonic force P = Aexp(-irot) 
which in Fourier domain is presented only with its amplitude. For this calculation the 
amplitude was equalised to A= 10 N. 
Equation (3 .27) can be considered as consisting of three important terms which contribute 
most to the overall acoustic pressure. The first one is the function before the summation, 
which is inversely proportional to the square of driving frequency ro. This function 
decreases with increasing the frequency and outlines the overall behaviour of the acoustic 
response. However, if disturbing forces are dependant on the second or even on the third 
power of frequency, such as aerodynamic forces, than the overall trend of pressure acoustic 
response might get higher when the frequency is increased. In case of harmonic external 
force, as in this case, the plate thickness, h, and the enclosed volume, V can influence the 
speed of the function's diminution, particularly in the very low frequency range to 50 Hz. 
Obviously, the bigger the cavities and the thicker walls, the faster is function's diminution. 
The non-dimensional function Fmp(ro) defined in Eq. (3.23) can be called the 'frequency 
overlap function' of the acoustical and structural modes characterised by overall indexes 
m and p, as was pointed out in Krylov (2002). It can be considered as a time filtration 
function- only those natural structural roP and acoustic rom frequencies which coincide 
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with the driving frequency ro contribute most to the acoustic pressure response. This can 
be seen clearly in Fig. 4.1 showing the function Fmp(ro} calculated for 50 structural and 
acoustic natural frequencies in the interval from 1 to 50 rad/s, and for a driving frequency 
ro equal to 3 5 rad/s. The maximum peak of the function takes place when the structural, 
acoustic and driving frequencies coincide at 35 rad/s. In this case structural and acoustic 
parts act as amplifiers, thus increasing the disturbing force. In vehicles this phenomenon is 
known as the 'boom noise effect'. 
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Figure 4.1: Magnitude of the function Fmp 
The non-dimensional factor Smp defined by Eqn. (3.24) represents the corresponding 
coefficients of spatial coupling between acoustic and structural modes. Therefore, the 
components ofSmp can be called the 'coefficients of structural-acoustic coupling'. It can be 
considered as a space filtration function- the higher values of the coupling coefficients are 
associated with the spatial similarity between structural and acoustic modal shapes. Note 
that these coefficients are not directly related either to the driving frequency or to the 
acoustic or structural resonant frequencies. They depend only on geometrical coincidence 
between acoustic and structural modal shapes on the walls. Figure 4.2 shows the 
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magnitudes of the coupling coefficients between the first 10 acoustic and 30 structural 
modes. Some of the coefficients, for example: S1,3 and S2,5 show larger values compared 
to the others. This means that, for example, the first and second acoustic modes are 
geometrically well coupled to the third and fifth structural modes respectively. Overall, 
however, because of the double filtration, over time and space described by the products 
Fmp(ro)Smp• only a few of the structural and acoustic modes interact effectively and give 
noticeable contributions to the acoustic pressure response as can be seen in Fig. 4.3 . 
.... _. .......... . 
0.5 
_.., 
0. 
0.4 E ({) 
·-· 0.3 <f) 
.0 
<.U 25 
0.2 
0.1 
0 Structural modes. p 
Acoustic modes, m 
Figure 4.2: Magnitude of the function Smp 
Matching the resonance peaks in Fig. 4.3 with the structural and acoustic natural 
frequencies listed in Table 3.1 one can note that, in fact, below the first acoustic resonance 
at 171.5 Hz the coupling effects are not significant. This could be partially explained 
bearing in mind Eq. (3.24) for Smp where it is obvious that the structural modes in this 
range are coupled only with the first acoustic mode (the zero acoustic mode) which 
contribute to Smp by the acoustic modal shape function <I> m (r') equalised to unity. 
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However, the effect of first acoustic mode on acoustic pressure can not be neglected as it 
can be seen in Fig. 4.4 because the effect of all structural modes multiplied by the first 
acoustic mode would vanish and this affects mainly the frequency range below 171.5 Hz. 
This fact was also pointed out by Pretlove (1965) who observed that the fundamental mode 
of the flexible wall is always significantly affected by the cavity. 
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Figure 4.3: Magnitude of the product between the functions Fmp and Smp 
Modelling the first acoustic mode causes another issue related to the air damping for the 
first acoustic mode. A critical damping was used for simulating the dissipation 
characteristics of structure and fluid as a percent of corresponding resonance frequency, 
I% for fluid and 3% for the structure. In this approach for the first acoustic mode the 
damping coefficient om becomes zero and in turn the term 2iomro vanishes in Eq. (3.23) 
which could affect the acoustic pressure response below the first acoustic resonance. In this 
case the use of a constant damping coefficient om is recommendable then critical 
damping. In this regard, a number of calculations were conducted including different 
values for the attenuation factor om for the first acoustic resonance. The results showed 
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that resonance amplitudes are slightly reduced in the area below first acoustic peak but 
insufficiently from an engineering point of view. Thus, this interesting theoretical fact does 
not affect the analytical calculation and it was disregarded for the further simulations. 
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Figure 4.4: Effect of the first (zero) acoustic mode 
Structural mode Structural Acoustic mode index Acoustic X! index frequencies, Hz frequencies, 
s t i J k Hz 
I I I 9.0373 0 0 0 0 
2 2 I 16.2139 I 0 0 171.5000 
3 3 I 28.1750 0 I 0 285.8333 
4 I 2 28.9724 I I 0 333.3361 
5 2 2 36.1491 2 0 0 343.0000 
6 4 I 44.9205 2 0 0 343.0000 
7 3 2 48.1101 I 0 I 383.4857 
8 I 3 62.1976 2 I 0 446.4859 
9 4 2 64.8556 2 I 0 446.4859 
10 5 I 66.4505 I I I 478.2906 
11 2 3 69.3743 2 0 I 485.0753 
12 3 3 81.3354 3 0 0 514.5000 
13 5 2 86.3856 2 I I 563.0264 
14 6 I 92.7648 0 2 0 571.6667 
15 4 3 98.0809 3 I 0 588.5669 
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Structural mode Structural Acoustic mode index Acoustic X• index frequencies, Hz frequencies, 
s t i j k Hz 
16 1 4 108.7130 1 2 0 596.8375 
17 6 2 112.7000 3 0 1 618.3520 
18 2 4 115.8896 2 2 0 666.6722 
19 5 3 119.6108 2 2 0 666.6722 
20 7 1 123.8637 3 1 1 681.2195 
21 3 4 127.8507 4 0 0 686.0000 
22 7 2 143.7988 4 0 0 686.0000 
23 4 4 144.5962 1 2 1 688.3778 
24 6 3 159.7469 1 0 2 707.1126 
25 8 1 166.1262 4 1 0 743.1667 
26 5 4 168.5184 4 1 0 743.1667 
27 1 5 175.6950 2 2 1 749.7338 
28 2 5 177.0240 1 1 2 762.6985 
29 7 3 179.6820 4 0 1 766.9713 
30 8 2 187.6561 4 0 1 766.9713 
31 3 5 192.4405 
32 6 4 200.4146 
33 9 1 204.4016 
34 4 5 212.9073 
35 8 3 220.3497 
36 9 2 223.5393 
37 7 4 225.9316 
38 5 5 241.6139 
39 1 6 245.8667 
40 10 1 248.7905 
41 2 6 252.2459 
42 6 5 253.5750 
43 9 3 259.4226 
44 8 4 260.7516 
45 3 6 265.8018 
46 10 2 277.4971 
47 4 6 283.3448 
48 7 5 296.1033 
49 11 1 299.0271 
50 10 3 299.0271 
51 10 3 300.0903 
52 9 4 316.0384 
53 11 2 319.2280 
54 8 5 325.3415 
55 6 6 327.9995 
56 1 7 335.1761 
57 2 7 345.5424 
58 10 4 347.1372 
59 3 7 349.2636 
60 11 3 351.1242 
61 12 1 356.4403 
62 7 6 359.8957 
63 9 5 363.8827 
64 4 7 371.0594 
65 12 2 385.4127 
66 5 7 392.3235 
67 8 6 395.7789 
68 11 4 404.2846 
69 12 3 405.3478 
70 10 5 410.9296 
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Structural mode Structural Acoustic mode index Acoustic 
.N'! index frequencies, Hz frequencies, 
s t i j k Hz 
71 13 I 411.7271 
72 6 7 427.6752 
73 I 8 430.8648 
74 13 2 432.9912 
75 9 6 434.8518 
76 2 8 442.8259 
77 7 7 446.8129 
78 3 8 450.7999 
79 12 4 455.5844 
80 11 5 463.5584 
81 4 8 464.0900 
82 13 3 475.5195 
83 14 1 478.4433 
84 10 6 478.7091 
85 8 7 485.0884 
86 5 8 495.4546 
87 14 2 510.6053 
88 13 4 510.6053 
89 13 4 511.4027 
90 6 8 519.3768 
91 9 7 528.6799 
92 14 3 528.6799 
93 14 3 540.6409 
94 1 9 542.5016 
95 7 8 544.8938 
96 15 1 547.8176 
97 2 9 559.7787 
98 3 9 564.8289 
Table 4.1: Structural and acoustic natural frequencies and their mode indexes 
The last key point in this chapter is related to the comparison of numerical simulations and 
analytical calculations of acoustic pressure in the above mentioned rectangular box 
structure with one flexible wall. Two pressure frequency response functions (FRF's) have 
been calculated for the model. The first FRF was calculated analytically using Eq. (3 .27), 
the second FRF was calculated using finite element simulation of the same model using 
MSC.Patran, MSC.Nastran. The driving harmonic force P was applied at a point on the 
flexible panel with coordinates Xp = 0.3 m and YP = 0.2 m and a receiver point for 
acoustic pressure was randomly chosen with coordinates x, = 0. 7 m, y, = 0.4 m and 
z, = 0.4 m. 
Analytical and numerical data shown in Fig. 4.5 agree very well with each other. The 
coincidence of these two curves thus validates the analytical and numerical approaches 
used in the present thesis. Note that Eq. (3.27) does not take into account the effect of the 
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enclosed air on the vibrations of surrounding structure, whereas finite element simulation 
automatically takes into account the full coupling between the air and the structure. The 
observed good agreement of these results shows that the air loading can be neglected in the 
case considered because the values of air's and steel's stiffness in this particular case are 
considerably dissimilar, as it was pointed out in Pretlove (1965). A noticeable 
disagreement can be observed in the area of the first resonant peak, because the effect of 
first acoustic mode is significant in this frequency range, as mentioned above, it could be 
assumed that the finite element simulations can not properly simulate this effect. 
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Figure 4.5: Comparison between analytical (solid curve) and numerical data (dash 
dotted curve) 
3. Case study simulation with vehicle's suspension 
In the previous section the driving force exciting the model structure has been directly 
applied to the bottom flexible wall of the rectangle under consideration, thus simulating 
road irregularities coming through one of vehicle's tyre and disregarding the tyre's 
suspension. In practice, vehicle suspensions represent mass-spring systems acting as 
vibration absorbers for reducing the dynamic disturbance from road profile as shown in the 
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previous chapter (Fig. 1.2). The analytical simulation of suspension requires replacing of 
driving force P with its expression Eq. (3.20) and Eq. (3.19) which consisting of few 
parameters such as: the stiffness of tyre and suspension, mass of the wheel, height of road 
corrugation and some combinations among them, e.g. wheel hop and tyre 'jumping' 
resonance frequencies. 
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Figure 4.6: Acoustic pressure response calculated when the disturbance is a harmonic 
force with amplitude of 10 N. 
As was mentioned above, the suspension, which can be considered as a mechanical system 
with one degree of freedom, works to isolate vehicle structure from the input disturbance, 
thus its own resonance frequency eo 0 becomes an essential point in the acoustic pressure 
response. In general, the resonance frequency of an isolating system should be adjusted 
well below the operating frequency range in order to assure a proper reduction in the range 
above its own resonance. In this regard, the wheel hop resonance frequency is common! y 
chosen around I 0-12 Hz (Krylov 2002), which guarantees vibration reduction in the 
frequency range above the chosen one. 
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In the present analysis, Fig. 4.6 represents the acoustic pressure response calculated when 
the model is disturbed by a directly applied harmonic force with an amplitude equal to 10 
N, whereas Fig. 4. 7 shows the acoustic pressure resulting from structural vibrations excited 
by road irregularities via vehicle suspensions. The effect of different wheel hop resonant 
frequencies is considered. The first graph (dashed curve) in Fig. 4.7 was calculated using 
the wheel hop resonant frequency equal to 11 Hz, whereas for the second graph (dash-
dotted curve) the wheel hop resonance was set at 62 Hz. In the first case, the maximum 
peak of the acoustic pressure response inside the model is at about 11 Hz, and in the 
second case this peak is shifted at about 62 Hz. For both graphs, the sound pressure 
responses above the wheel hop resonances gradually decrease in contrast to the sound 
pressure response calculated for a directly applied harmonic disturbing force (see Fig. 4.6). 
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Figure 4.7: Effect ofsuspension: suspension with co 0 = llHz(dashed curve) and 
suspension with co 0 = 62Hz (dash-dotted curve) 
The effect of other suspension's parameters could be easily estimated according to their 
influence to the suspension's resonance frequencyco 0 . Because the damping coefficient Q 
is not related to the resonance frequency, it influences the vibration reduction and 
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consequentially the acoustic pressure mitigation. The damping suppresses the amplitudes 
in the whole frequency range and mainly the suspension's resonance amplitude which 
could be concluded from the denominator in Eq. (3.20). 
4. Conclusions 
Using some of the equations given in chapter 3, two particular case studies were 
considered: a rectangular box structure with one flexible wall disturbed by a direct 
harmonic force, and the same structure excited by road disturbance transferred through a 
suspension. A number of calculations were conducted in order to demonstrate and evaluate 
the effect of different parameters on interior noise levels. Although the model under 
consideration is well-known and familiar, some original contributions could be pointed 
out: 
• Analysis of most of the variables forming sound pressure response inside the 
model including the effect of first acoustic mode. This analysis is important for the 
further interior noise investigations of more complex reduced-scale models which 
can not be described analytically and for interpreting their sound pressure results. 
• The well-known model, a rectangular box structure with one flexible wall, has 
been combined with a simple dynamic model of vehicle's suspension in order to 
evaluate its contribution to the pressure response and to discuss potential measures 
for noise reduction. 
• The analytical formulae in chapter 3, earlier derived by Krylov (2002), have been 
numerically implemented using MATLAB and consequently validated by finite 
element simulations using MSC.Patran and MSC.Nastran. The good agreement 
between analytical and numerical data proves the correctness and reliability of 
both the analytical formula for sound pressure response inside the model and the 
procedure and accuracy of the FE calculations for this example and for other cases 
considered in this thesis. 
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Chapter 5 
Structural-acoustic properties of flexible 
rectangular boxes 
1. Introduction 
In the previous chapter the simplest analytical model of structural-acoustic systems, 
namely a rigid box structure with one flexible wall has been studied and analysed. 
Moreover, some refinement like adding a dynamic model of vehicle suspension to the 
original system has been conducted in order to express interior sound pressure as a 
function of certain parameters typical of transport means, such as: vehicle speed or 
suspension's parameters. Nevertheless, this model is still very simple and does not reflect 
properly one of the most distinctive features of vehicles, the fact that their structures and 
panels are completely flexible and vibrate freely causing interior noise generation. In this 
regard, it is a further logical step to consider a structural-acoustic model consisting of a 
fully flexible rectangular box structure and giving the opportunity for further improvement 
of simplified reduced-scale modelling of vehicle structures. 
Flexible rectangular box structures, often called box-like or box-type structures, are being 
used in a large number of engineering applications, e.g. as elements of railway carriages or 
heavy goods vehicles. Although rectangular boxes represent one of the simplest types of 
engineering structures, the rigorous analysis of structural-acoustic behavior of such boxes 
can be carried out only numerically or experimentally. However, Dickinson and Warburton 
(1967) expressed analytically the natural frequencies of such a structure considering the 
system as consisting of constituent plates which boundary conditions were approximated 
by Fourier series. Equating these expressions to the actual boundary conditions resulted in 
an infinite set of equations. In order to solve these equations, it was necessary to truncate 
the series to a certain number of terms. Later, Hooker and O'Brien (1974) calculated 
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numerically the first natural frequencies of the same box (same dimensions) and compared 
them with the analytical and experimental results obtained by Dickinson and Warburton 
(1967) demonstrating that the FEM is readily applicable to calculate natural frequencies of 
such structures. 
Grice and Pinnington (2000) used a FE model to carry out vibration analysis of a thin-plate 
box considering only in-plane motion. They asserted that under certain conditions, the 
vibrational response is dominated by long wavelength in-plane waves. Later they extended 
their study, analysing flexural vibrations of the same model using a combination of FEA 
and analytical impedances (Grice and Pinnington 2002). The proposed method aimed to 
predict the vibration of thin-plate structures in mid-frequency range. 
In some more recent papers Fulford and Petersson (2000a), Fulford and Petersson (2000b ), 
Liang and Petersson (2001) and Petersson (2005) the vibrations of rectangular box-like 
structures have been investigated analytically using some simple approximations, e.g. 
taking into account only in-plane waves being transmitted to the adjacent walls under the 
impact of the initial flexural waves. Nevertheless, explicit analytical description of the 
vibration behaviour of this model is impossible. This is why there are relatively few 
publications where structural-acoustic properties of such structures have been considered. 
Some authors like Marburg et. al. (2002), Hagiwara et. al. (2003), Luo and Gea (2003) and 
Damaren (2003) utilized rectangular box models to verify different optimization 
procedures for noise reduction. In this regard, the above models assisted in a quicker 
estimation of proposed design modifications and the efficiency of noise reduction. 
In spite of the successful use of the above-mentioned rectangular box structures in various 
engineering problems, the structural-acoustic behaviour of this model is still not very well 
understood. There were some analytical expressions obtained for structural normal modes, 
but they are rather complex and their use in a structural-acoustic analysis is a very 
cumbersome task. This is why the aim of this chapter is to carry out a comprehensive 
numerical investigation of structural-acoustic properties of a flexible rectangular box. In 
the first part of the chapter, the attention will be paid to understanding the model's 
structural and acoustic properties and establishing relationships between its geometrical 
symmetry and modal patterns. In the second part of the paper, the model's structural-
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acoustic FRF's will be investigated and their features explained using the results of the 
first part. 
2. Model description 
The model under consideration represents a flexible rectangular box structure (see Fig. 
5.1). The only boundary conditions imposed on the model are applied at the corners of the 
bottom plate, which simulates fixing the box at four points to a certain rigid structure. The 
model dimensions are as follows: x = 2.4, y = 1.4 and z = 1.5 meters. The wall thickness 
of the model was chosen to be 8 mm, which corresponds to a fundamental structural 
vibration frequency of about 15-20Hz. Initially, an independent analysis of the uncoupled 
structural and acoustic sub-systems was conducted, and then a set ofFRF's of the coupled 
structural-acoustic system was calculated. 
r 
i _X 
t.:-~: .. z 
Figure 5.1: Finite element model of a rectangular box structure 
3. Structural and acoustic analysis of the uncoupled model 
In this section, using finite element software, MSC.Nastran and MSC.Patran, the normal 
modes and natural frequencies of the flexible box structure under consideration have been 
analysed. Note that for the purpose of the uncoupled analysis a slightly different model 
was used. The difference from the above-mentioned coupled model was in the absence of 
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boundary conditions at four corners at the bottom. The purpose of this was to generalize 
the uncoupled analysis of the rectangular box structure. Thus, "free-free' boundary 
conditions were adopted everywhere, whereas in the coupled analysis the model was 
considered as a part of a whole system, together with a certain foundation. In other words, 
the boundary conditions utilized in the coupled analysis simulated roughly a sort of 
attaching mechanism, which restricts the structural behaviour of the model. In the 
uncoupled analysis, a refined finite element mesh consisting of 7248 CQUAD finite 
elements for the structural part and 5040 CHEXA finite elements for the acoustic part were 
used. 
a) 
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t) 
' 
" "': ..• 
Figure 5.2: Some structural modes of a rectangular box at: a) 13.692 Hz, b) 22.069 
Hz, c) 34.730 Hz, d) 42.138 Hz, e) 43.541 Hz and f) 90.904 Hz. 
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3.1 Qualitative interpretation of the structural behaviour of box 
structures 
Figure 5.2 shows some structural modes of the uncoupled rectangular box model. As the 
box structure under consideration is fully symmetrical in respect of the three orthogonal 
coordinate planes, a number of symmetric and anti-symmetric structural modes should 
occur (see e.g. Hooker and O'Brien 1974). In the 3-D picture (Fig. 5.2), symmetric and 
anti-symmetric normal modes can not be seen clearly. This is why in Fig. 5.3 the same 
normal modes are presented, but only in XY plane. Now the symmetric and anti-symmetric 
modes are clearly seen. 
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Figure 5.3: Symmetric and anti-symmetric normal modes at: a) 13.692 Hz, b) 22.069 
Hz, c) 34.730 Hz, d) 42.138 Hz, e) 43.541 Hz and f) 90.904 Hz. 
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Besides symmetric and anti-symmetric modes, the rectangular box structure can be useful 
for demonstration of another interesting phenomenon called repeated frequencies 
(degenerated modes), and more precisely for demonstrating a connection between the 
geometrical dimensions of the box model and the existence of repeated frequencies. For 
this purpose some additional calculations have been conducted including a cubic box 
model with the dimensions (1, 1, 1) m and a rectangular box model with the dimensions 
(2.4, 1.5, 1.5) m. 
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Figure 5.4: 'Waveguide modes' of a cubic box structure at 105.11 Hz, 
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It is interesting to attempt a qualitative interpretation of structural vibrations of flexible 
rectangular boxes. In particular, looking at Fig. 5.4, one can suggest that, in respect of 
elastic wave propagation, each of the investigated box structures can be considered as an 
inhomogeneous system with varying geometry and stiffness. The model's plates and edges 
are respectively more and less prone to vibrate. In this regard, the edges can be likened to 
sort of stiffeners or ribs. It was pointed out by Skudrzyk (1968) that such ribs can transmit 
without significant loss the twisting moment around their longitudinal axis and only at very 
high frequency the rotary inertia can suppress the transmission. On the other hand, the 
bending moment around their transverse axes is not transmitted except for very high 
frequencies. In other words, it follows from this qualitative interpretation that waves with 
nodal lines parallel to the edges can be relatively easily transmitted to an adjacent plate, 
whereas those with nodal lines perpendicular to the edges are isolated. Thus, the higher 
stiffness of the edges defines different transmission properties of the waves in different 
directions, which directly influences the wave propagation. 
Returning to the box structure and bearing in mind the above-mentioned qualitative 
properties of the edges, it could be presumed that the edges form some particular 
wave guides that govern elastic wave propagation. 
Because of the obvious geometrical features of the box structure, one can assume that three 
waveguides could be formed; each of them representing a circumferential wave 
propagation around one of the three coordinate axis. For example, in Figs. 5.4 and 5.5 the 
wave circulation around each of the coordinate axes can be clearly seen. Furthermore, 
these three circumferential waveguides could be assumed to form relatively independent 
closed-loop resonators, which means that predominant vibration modes occur in one of 
these guides and rarely the vibratory motion spreads on two or three waveguides 
simultaneously. In this way, one can conclude that the predominant normal modes of box 
structure consist of the normal modes of each of the above-mentioned three resonators. 
Resuming the above, a qualitative interpretation of a box structure as a coupled model of 
three 'waveguide resonators' could be suggested. To demonstrate the influence of 
geometrical dimensions on the existence of repeated frequencies, it was customary to 
compare these three resonators between them. According to the above interpretation, the 
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initial model of a box structure (see Figs. 5.1 and 5.2), with dimensions 2.4, 1.4 and 1.5 m 
respectively along the coordinates x, y and z, forms three different coupled waveguide 
resonators and its natural frequencies are not repeated. 
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Figure 5.5: 'Waveguide modes' of a modified box model 'A' at 42.36 Hz in the 
directions of: a) Y-axis and b) Z-axis. 
In the light of the above, the next logical step was to consider a more symmetrical model 
with identical waveguide resonators. In this regard, a cubic box, which forms three 
absolutely identical waveguides along the different coordinates, satisfies the necessary 
requirements. As it was expected, in this case the predominant normal modes occur at a 
number of sets of three repeated natural frequencies. For example, in Fig. 5.4 one can see 
the waves propagating in one of these sets of repeated resonance frequencies, i.e. at 105.11 
Hz. For each of the modes shown in Fig. 5.4 each of the resonators vibrates in the same 
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manner as the other. In other words, in the case of a cubic model there are three different 
normal modes corresponding to the same frequency, as expected (a triple degeneracy), and 
each of them belongs to one of the waveguide resonators. 
Using a slightly modified rectangular box model, a relationship between the cubic model 
(Fig. 5.4) and the original rectangular model with the dimensions 2.4, 1.4, and 1.5 m (see 
Figs. 5.1 and 5 .2) was investigated. The dimensions of the modified rectangular model 
under consideration have been slightly changed to 2.4, 1.5 and 1.5 m, which has made it 
more and less symmetric compared to the initial and cubic model, respectively . This 
structure forms two identical modes in respect of y and z coordinates and one different 
mode in respect of x axis. Finite element calculations show a number of sets of two 
repeated natural frequencies associated with the two identical waveguide resonators, and 
most of the other resonances are associated with the third unique resonator. In Fig. 5.5 one 
can see the wave propagation in the two identical resonators around y and z directions. In 
this case, the behaviour of the equal resonators is similar to those in the case of a cubic 
model. The difference is in the presence of the unique resonator associated with a 
significant number of normal modes that never occur at a repeated frequency. 
Therefore, the relationship between geometrical dimensions of rectangular boxes and 
repeated natural frequencies has been confirmed. If a rectangular box structure has 
identical dimensions in x, y or z directions, then its natural frequencies are repeated. Two 
equal dimensions cause some of the natural frequencies to appear as a number of sets 
composed by two repeated frequencies, three equal dimensions (cubic structure) provoke 
plenty of three repeated natural frequency sets. Furthermore, the proposed qualitative 
interpretation of the structural behaviour of rectangular box structures was useful enough 
to explain the well-known fact that repeated natural frequencies could be expected if 
structure has certain symmetry. 
Note that repeated and symmetric or anti-symmetric modes are completely different type 
of modes. In fact, symmetric and anti-symmetric modes do not appear at equal frequencies 
(see e.g. Krylov and Georgiev 2004), whereas repeated ones exist at the same frequency. 
This is why they should not be mixed. Particularly, box structures might have repeated 
natural frequencies, depending on their dimensions, and unavoidable symmetric and anti-
symmetric modes induced by the symmetry of box structures. 
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In the previously published study by Georgiev et. al. (2004a, 2004b) a simplified, reduced-
scale, non-circular thin-shell model (considered in the next chapter) has been considered as 
its natural frequencies have been approximated using the local resonance frequencies of 
two of its plate components. This approximation was possible as a result of weak coupling 
effects between the top and bottom quasi-flat plates of this model due to much higher 
effective stiffness of the adjacent curved plates (shells) separating the top and bottom 
plates. In this regard, a rectangular box is very different, as each of its plates has four other 
plates adjacent to it, and all adjacent plates are strongly coupled to each other, so that no 
separate consideration of plate vibration is permitted. Indeed, the box structure can be 
considered as a compound of six rectangular plates which individual fundamental 
frequencies, assuming the same material properties for each of them, depend only on their 
geometrical characteristics. The initial box model studied in this paper has dimensions 2.4, 
1.4 and 1.5 m in respect ofx, y and z coordinates, and its individual plate components are 
respectively: plate component 1 (2.4, 1.5 m), plate component 2 (2.4, 1.4 m) and plate 
component 3 (1.5, 1.4 m). These dimensions determine very close sets of resonance 
frequencies of the individual component plates. 
Box structure, Plate Plate Plate Acoustic, FE Acoustic, 
natural component component component calculated, exact, 
frequencies, Hz l, 2, 3, natural natural 
.Ni natural natural natural frequencies, frequencies, 
frequencies, frequencies, frequencies, Hz Hz 
Hz Hz Hz 
l 2 3 4 5 6 7 
I 13.692 !3.693 11.805 (I, I) 13.061 (1, I) 18.209 (1, I) 69.07 (1, 0, 0) 69.02 (I, 0, 0) 
2 19.306 17.019 21.726 (2, I) 22.974 (2, I) 43.609 (2, I) 110.6(0,0, I) 110.4(0,0, I) 
3 20.749 18.506 37.282 (1, 2) 39.514 (3, I) 47.387 (I, 2) 118.5 (0, I, 0) 118.3 (0, I, 0) 
4 22.069 22.074 38.275 (3, I) 42.307 (I, 2) 72.463 (2, 2) 130.4 (1,0, I) 1302 (1,0, I) 
5 24.821 23.834 47.090 (2, 2) 52.094 (2, 2) 85.958(3, I) 137.2 (1, I, 0) 137.0 (I, I, 0) 
6 26.290 25.876 61.448 (4, I) 62.675 (4, I) 96.024 (1, 3) 138.4 (2, 0, 0) 138.0 (2, 0, 0) 
7 28.509 26.652 63.458 (3, 2) 68.427 (3, 2) 114.33 (3, 2) 162.2 (0, I, I) 161.9 (0, I, I) 
8 29.983 27.250 79.735 (1, 3) 91.038 (I, 3) 120.62 (2, 3) 176.2(1, I, I) 175.9 (I, I, I) 
9 34.730 28.773 86.394 (4, 2) 91.317 (4, 2) 145.23 (4, I) 177.2(2,0, I) 176.8 (2, 0, I) 
10 42.138 34.276 89.381 (2, 3) 92.450 (5, I) 161.70 (3, 3) 182.2 (2, I, 0) 181.8 (2, I, 0) 
Table 5.1: Structural and acoustic natural frequencies of an uncoupled box model. 
Simplified reduced-scale modelling of vehicle interior noise December 2006 
Chapter 5: Structural -acoustic properties of flexible rectangular boxes 75 
In Table 5.1, Columns 3, 4 and 5, the first ten natural frequencies of the separate plate 
components satisfYing simply supported boundary conditions are presented. One can see 
that the resonant frequencies of these plates are noticeably different from the FE results for 
the resonant frequencies of the full box structure (columns 1 and 2 in Table 5.1). This 
agrees with the above-mentioned statement about the lack of possibility to approximate 
rectangular box resonant frequencies by resonant frequencies of its separate plate 
components. 
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Figure 5.6: First four acoustic modes of a rectangular box enclosure at: a) 69.07 Hz, 
b) 110.64 Hz, c) 118.57 Hz and d) 13o.43 Hz. 
Note that the natural frequencies of the full box structure presented in Table 5.1 have been 
calculated for the two cases: with "free-free" boundary conditions (column 1) and with 
simply supported boundary conditions imposed on all edges of the model (column 2). 
Despite of some discrepancies between these sets of frequencies, their closeness, at least 
for the first eight modes, is indicative. In this frequency range, the structure under both sets 
of boundary conditions has high modal density. This is why under "free-free" boundary 
conditions there are 312 resonance peaks in this range (excluding the first six rigid-body 
natural frequencies) and the last one occurs at 498.90 Hz, whereas under simply supported 
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boundary conditions the result is 311 peaks with the last natural frequency at 499.99 Hz. 
These calculations support the assumption made earlier that in the low and medium 
frequency ranges the edges of a rectangular box-structure transmit predominantly flexural 
waves with nodal lines parallel to them. 
Figure 5.6 and Table 5.1 show some of the modes and frequencies of the acoustic sub-
system. The comparison between analytically calculated natural frequencies (Table 5.1, 
Column 7) and those calculated using finite element techniques (Table 5.1, Column 6) 
shows a good agreement and validates the chosen mesh size. Furthermore, in the middle 
frequency range for mode (6, 2, I) the exact solution defines the natural frequency of 
489.44 Hz, whereas the finite element code gives 499.67 Hz. In other words, using this 
finite element mesh a maximum relative error of 2 % in the highest frequency range of 
interest was achieved, which guarantees correct and reliable numerical results. 
3.2 Comparison with experimental data 
Although repeated natural frequencies and their relationship with model's dimensions have 
not been discussed in previous publications, it is essential to compare at least the natural 
frequencies experimentally and numerically obtained by other authors. For that purpose a 
box structure with dimensions x = 0.36576, y = 0.3048 and z = 0.24384, m has been 
calculated. This model is the same as the one used by Dickinson and W arburton (1967) and 
Hooker and O'Brien (1974) who investigated it from the viewpoint of purely structural 
vibration behaviour. 
In Table 5.2, the natural frequencies of the model under consideration are presented. 
Theoretical results are in Column 2, whereas Column 3 presents experimental results. This 
data were obtained by Dickinson and Warburton (1967). In Column 4 the numerical results 
obtained using the procedure adopted for all numerical calculations in this thesis are 
shown. In Column 5 another set of numerical data obtained by Hooker and O'Brien (1974) 
can be seen. The good agreement between theoretical, experimental and numerical 
(column 4) data is another proofofthe correct use of FE software in simulating structural-
acoustic problems. The results also demonstrate how FE software was improved over the 
last 30 years. Comparing FE data with experimental or theoretical results, one can see the 
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improvement of numerically calculated natural frequencies in this thesis compared to those 
calculated in 1974 by Hooker and O'Brien. 
Theoretical Experimental FE frequencies, FE frequencies, 
.N'o 
frequencies, Hz, frequencies, Hz, Hz, this work Hz, Hooker and 
Dickinson and Dickinson and O'Brien (1974) 
Warburton (1967) Warburton (1967) 
1 2 3 4 5 
I 179 178 178.53 184 
2 203 228 230.36 206 
3 258 264 270.88 262 
4 272 282 281.87 279 
s 283 297 301.85 291 
6 333 328 331.54 336 
7 384 395 397.82 394 
8 397 399 399.16 409 
9 437 451 449.87 452 
10 455 479 473.91 465 
11 486 495 485.43 497 
12 499 497 499.29 512 
13 570 571 565.08 588 
14 577 580 575.10 595 
IS 624 634 625.15 669 
16 648 642 640.51 671 
Table 5.2: Experimentally measured and numerically calculated natural frequency. 
Figure 5. 7 shows the first 8 normal modes ofDickinson and Warburton's model, whereas 
Fig. 5.8 shows the same normal modes only in XY plane in order to demonstrate 
symmetric and anti-symmetric spatial patterns of box structures. The similarity between 
these normal modes and those shown in Fig 5.2 and Fig. 5.3 supports the idea that the 
structural behaviour of box structures is significantly affected by the model's dimensions 
which in turn assist in forming identical areas for wave propagation. Another conclusion 
that can be immediately drawn from analysing the data in Table 5.2 is that the precision of 
the theoretical approach used by Dickinson and W arburton is comparable with that of 
FEM. 
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Figure 5.7: First eight normal modes ofDickinson and Warburton's model 
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Figure 5.8: First eight normal modes ofDickinson and Warburton's 
model in XY plane 
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4. Structural-acoustic analysis of the fully coupled model 
In this section, a set of FE results for FRF' s at specific acoustic nodes are discussed and 
compared. As was mentioned above, simply supported boundary conditions at the corner 
nodes in the bottom plate (Fig. 5.1) were imposed to simulate an attaching mechanism. In 
the coupled model, 1812 CQUAD structural finite elements and 5040 CHEXA acoustic 
finite elements were used. The energy loss in the structure was modelled using 3 % 
damping. As far as air viscosity is concerned, a simple damping coefficient of 1% was 
used for the sake of simplicity. 
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Figure 5.9: Normal modes of a coupled box model: a, b) at 68.352 Hz; c,d) at 71.848 
Hz; and e, f) at 111.72 Hz. 
In Fig. 5.9, some of the normal modes of the coupled model, that are influenced by the first 
and second uncoupled acoustic modes, are presented. As it has been mentioned by Fahy 
(1985) and demonstrated in chapter 4, the coupling depends on the spatial similarity and 
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frequency closeness between both sets of normal modes. Therefore, some of the structural 
modes could couple better with certain acoustic mode, in contrast to others. The three 
normal modes in Fig. 5.10, at about 68, 71 and 111 Hz, are not very much affected by the 
coupling effects compared to uncoupled frequencies. They also do not make significant 
contribution to the overall frequency response functions (see Figs. 5.10- 5.13). 
Figures 5.10 and 5.11 show the pressure FRF's calculated in the center of the box interior 
(at node 4826) and away from the center (at node 6825). The disturbing force was applied 
to the center and to the vicinity of a corner of the bottom plate. Figures 5.12 and 5.13 
represent the FRF's calculated at both the above-mentioned acoustic nodes for the 
disturbing force applied to the center and in the vicinity of a corner of the bottom plate 
respectively. 
Taking into account the value of the first uncoupled acoustic natural frequency of the 
model, which is about 69Hz, the graphs presented in Figures 5.10-5.13 can be regarded 
as consisting of two parts. The first part, bellow 69 Hz, represents the area where FRF' s 
are induced by structural vibrations of the model. The second part, above 69 Hz, is the area 
where FRF's are formed by a complex interaction of the structural and fluid vibrations. In 
the first part of the graphs, one can notice that resonant amplitudes depend only on the 
position of the external force and do not depend on the position of a receiver. This can be 
clearly seen in Figs. 5.10 and 5.11, where the difference between them is around 15 dB, 
and in Figs. 5.12 and 5.13, where FRF's at both receiver positions simply coincide. 
In the second part of the graphs, above 69Hz in Figs. 5.10- 5.13, the FRF's demonstrate 
more complex behaviour. The maximum peaks in this part occur at different frequencies 
for each FRF. For example, in Fig. 5.12, the FRF at node 4826 has a maximum peak about 
32 dB that occurs at 175 Hz, whereas for the FRF at node 6825, the maximum peak is 
about 27 dB at about 130 Hz. This means that one and the same excitation can affect in 
different way a potential receiver. In this case, the position of node 4826 is much more 
prone to higher interior noise than the position of node 6825. Of course, under different 
conditions the situation might be different. 
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Figure 5.10: FRF's calculated at node 4826 for a driving force applied close to a 
corner (solid curve) and in the center of the bottom plate (dash-dotted curve). 
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Figure 5.11: FRF's calculated at node 6825 for a disturbing force applied close to a 
corner (solid curve) and in the center of the bottom plate (dash-dotted curve). 
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Figure 5.12: FRF's calculated at node 4826 (solid curve) and at node 6825 (dash-
dotted curve) for a disturbing force applied in the center of the bottom plate. 
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Figure 5.13: FRF's calculated at node 4826 (solid curve) and at node 6825 (dash-
dotted curve) for a disturbing force applied close to a corner of the bottom plate. 
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As was mentioned above, the position of the external force could influence significantly 
the sound pressure response. If the force acts close to a nodal line of a structural model, 
then the force can not excite many of the structural normal modes and the pressure 
response inside the model will be insignificant. Moreover, a compensation of the high 
amplitude disturbance is possible in such cases if a designer considers carefully the spatial 
pattern of structural vibrations and applies external forces to act at nodal lines. 
In practice, the complex geometry of the structure and the high density of the normal 
modes make the nodal lines quite difficult to find and the expected benefits are arguable. In 
this regard, the comparison between FRF's due to different position of the external force, 
see Figs. 5.10 and 5.11, show significant discrepancies for the overall pressure response. 
This means that the disturbing force applied to these positions excites different number of 
normal modes. In this regard, the center of the bottom plate is an anti-node position for 
some of the normal modes, and a force applied to this position can induce significant sound 
pressure response inside the box model. At the same time, the position in the vicinity of a 
corner of the bottom plate might be hardly an anti-node of whichever normal mode and the 
applied driving force there can be successfully suppressed. 
Another key feature that can influence the sound pressure response in an enclosed cavity is 
the position of the receiver (e.g., a microphone). Similar to the location of the external 
force, the position of the microphone can increase or decrease noise level perceived by the 
receiver. Assuming that the location of a measurement device is close to a nodal line of a 
certain acoustic mode of the enclosure, the pressure response at that position will be 
insignificant compared to all other positions. In this regard, comparing the graphs shown in 
Figs. 5.12 and 5.13, one can notice that for a range between 50 and 200 Hz the FRF at 
node 4826 is significantly lower, in parallel with the pressure FRF at node 6825. Because 
node 4826 (the center of a rectangular enclosure) is nodal for the first four acoustic modes 
(see Fig. 5.6), the decrease of sound pressure level is well noticeable in the considered 
frequency range. Above 200 Hz, this location is not nodal any more and the sound pressure 
level becomes nearly the same as that for node 6825. 
The above-mentioned simple example brings some useful ideas that can be applicable to 
more general situations. First of all, a preliminary acoustic analysis of a structural interior 
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provides sufficient information for establishing favourable receiver positions at certain 
frequency range. It is also worth to know that very close receiver position to the model 
walls results in louder sound perception, particularly in the low frequency range. 
5. Conclusions 
A comprehensive FE structural-acoustic analysis of a flexible rectangular box structure has 
been carried out in the present chapter. Although the model is geometrically similar to that 
considered in the previous chapter - a rectangular box structure with one flexible wall, its 
investigation is an important step in studying vehicle interior noise using simplified 
reduced-scale models. The analysis of this model is a cumbersome task mainly because of 
the inability to express normal structural velocity by an explicit mathematical formula. 
Many authors tried to establish appropriate expressions assuming certain analytical 
simplifications, but the results are still not suitable if a further structural-acoustic analysis 
is required. This is why the emphasis in this study was made on the structural behaviour of 
the model which was considered in the first part of the chapter. In the second part, a set of 
FRF's was calculated and analysed. The main achievements and contributions of the 
present chapter can be outlined as follows: 
• The comparisons between theoretical and experimental structural data obtained by 
Dickinson and Warburton (1967) and these calculated by FEM have been 
conducted. These comparisons showed very good agreement demonstrating that the 
precision of the analytical approach using certain simplifications is comparable 
with that in the numerical analysis. 
• Structural-acoustic responses of a fully coupled flexible box-structure calculated at 
different positions demonstrated that, depending on the position of the driving force 
and the receiver, FRF' s can exhibit considerable maxima or minima at certain 
frequencies. 
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Chapter 6 
Interior noise investigation in a non-circular shell 
model (QUASICAR model) 
1. Introduction 
86 
So far two rectangular simplified models of vehicle compartment have been considered. 
The first one was with one flexible wall which gave the opportunity to see and understand 
the physics of structural-acoustic interaction in depth using explicit mathematical 
formulae, whereas the second one, with all flexible walls, required profound analysis of 
obtained numerical results in order to establish certain structural and acoustic patterns. 
Using the results and findings from the study of these two rectangular models a further step 
in the process of exploration vehicle interior noise could be undertaken to bring closer the 
simplified models and real car models. This is why a simplified, reduced-scale, non-
circular shell model, called QUASICAR (QUArter Scale Interior Cavity Acoustic Rig), is 
introduced in the present chapter, see Fig. 6.1. 
This model has been designed in Loughborough University (see e.g. Krylov et.al. 2003, 
Winward 2003) and aimed to validate an earlier established mathematical formula for 
interior noise. The idea was on one hand to use a non-circular shell structure which is made 
of flat and circular parts that could be approximated by simply supported plates to express 
normal structural velocities. On the other hand acoustic normal modes were approximated 
by a rectangle with the same volume as that of QUASICAR model. As a result of this 
approximations and simplifications, interior sound pressure can be derived as that in Eq. 
(3 .27). Using this approach, one can produce analytical results that can be compared with 
numerical and experimental ones. 
Simplified reduced-scale modelling of vehicle interior noise December 2006 
Chapter 6: Interior noise investigation in a non-circular shell model (QUASI CAR model) 87 
Figure 6.1: 3-D model ofQUASICAR test rig (Winward 2003) 
The present chapter further develops the above-mentioned research. It aims to compare the 
results of the investigations of structure-borne interior noise in the QUASICAR model 
carried out by three different approaches: analytical, numerical and experimental. The 
main attention is paid to presenting the details of the finite element structural-acoustic 
analysis in the QUASICAR model as well as in its modification and to comparison of the 
obtained results with the analytical and experimental ones. Moreover, the study endeavors 
to find out to what extent physical models can be simplified, so that one could use 
analytical formulas for vehicle interior noise. The chapter includes model description, 
explanation notes concerning the analytical and numerical calculations, more detailed 
information about the experimental procedure and the test rig, normal mode analysis of 
structural and acoustic parts, coupled structural-acoustic analysis and, of course, 
comparisons and discussions of obtained results. 
2. Model description 
QUASICAR model consists of two main parts - metal structure and massive wooden 
sidewalls, see Fig. 6.1. The metal structure represents a steel sheet, 1.2 mm thick, bended 
to form a non-circular cylindrical shell, as shown in Fig. 6.2 (a). The shell is simply 
supported in front of the cavity and along the flat parts of the sidewalls. The simply 
supported boundary conditions have been imposed through two specially designed wooden 
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beams. The cross section of the wooden beams had two perpendicular flat sides, and one 
circular connecting the two far ends of the flat sides, see Fig. 6.2 (b). In this way, the 
wooden beams restrict the translational motion of the metal shell and allow the rotational 
motion of the shell's edge. This materialises simply supported boundary conditions 
reasonably well. However, on the circular parts of the metal shell no simply supported 
boundary conditions have been imposed because of technical difficulties. However, this 
did not introduce significant errors because the circular parts of the metal shell did not 
have much influence on the acoustic response, as will be shown later in the chapter. The 
massive wooden parts were 13 mm thick which assumes rigid boundary conditions on side 
walls. 
Wooden beams 
z 
L. 2l0mm Metal shell 
550mm (a) (b) 
Figure 6.2: Geometry of the metal part of QUASI CAR model (Win ward 2003)- (a), 
and practical implementation of simply supported boundary conditions- (b). 
The smallest radius of the curvature was designed to be larger than the wavelength of 
flexural vibrations at frequency range of interest (Win ward 2003). The overall dimensions 
are as follows: Lx = 0.55 m, Ly = 0.3 m, and Lz = 0.25 m. 
3. Analytical and numerical simulations 
As was mentioned before, the approximation of the QUASICAR flexible structure by a 
simply supported shell can make the interior noise analytically expressible. This is why an 
equivalent rectangular box model with one flexible wall has been considered, similarly to 
that in chapter 4. This time the model has dimensions as follows: Lx = 0.506 m, Ly = 0.3 m 
and Lz = 0.25 m, in order to meet the same volume as that of QUASICAR model. The 
position of a receiver was set at driver's ear (xdr = 0.193 m, Ydr = 0.27 m and Zdr = 0.2 m) 
and passenger's ear (Xpas = 0.4 m, Yvas = 0.27 m and Zpas = 0.2 m) positions, which 
correspond to nodes 400 and 409 of the QUASI CAR FE model. The driving force was 
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equlised to 10 N and its position had coordinates: X force = 0.17 m and zrorce = 0.24 m. In this 
way, using Eq. (3.27) two FRF's were calculated and compared with the same FRF's 
obtained from the numerical simulations attempting to establish to what extent a model can 
be simplified. 
The numerical part of this investigation includes an independent FE analysis of the 
structural and acoustic parts of the QUASI CAR model, and a coupled structural-acoustic 
analysis with and without external driving force, respectively. Moreover, additional 
calculations have been carried out to consider slightly modified vehicle models 
characterised by a different thickness of the bottom plate and by different boundary 
conditions. As was mentioned above, the basic model represents a non-circular cylindrical 
shell made of a single curved steel plate of 1.2 mm thickness, whereas in the modified 
model Ml the bottom flat plate has a thickness of 6 mm and the modified model M2 has 
beam stiffeners on the bottom part and on the sides (Georgiev et. al. 2004a, 2004b). 
FE analysis of the independent structural part has been performed for the first 30 natural 
frequencies of the model under consideration. For validation purposes, FE calculations 
have been carried out also for a simply supported rectangular plate with the same 
dimensions like bottom and top plates (see Fig. 6.2 (a)). The FE model of the curved plate 
had in total 68101 nodes and 67500 isomesh CQUAD4 surface elements, and the FE 
model of the rectangular plate consisted of 12221 nodes and 12000 isomesh CQUAD4 
surface elements. 
Similarly to the structural part, the FE analysis of the acoustic interior has been performed 
for the first 30 normal modes. The acoustic cavity was modeled by 1970 CHEXA acoustic 
elements and 2464 acoustic nodes. For the FE calculations the following physical 
parameters of the air have been used: p.=l.2 kgm"3 and c=343 ms·\ and the mesh size was 
consistent with the wavelength A.=c/f;j,k=0.343 m at the highest frequency of interest. 
Using FEM, a frequency response analysis for sound pressure was performed in the range 
from 0 to 500Hz. On the bottom flat part of the simplified model- QUASICAR and of the 
modified model Ml a harmonic force was applied. The interior sound pressure at the 
driver's ear location (acoustic node 400) and at the place corresponding to the passenger's 
(seating behind the driver) ear location (acoustic node 409) were calculated. Only 
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structural damping has been taken into account in these computations. The acoustic 
medium was considered as ideal. 
4. Experimental testing and equipment 
The proposed models in the present thesis have been investigated by measuring a set of 
frequency response functions (FRF' s ), referred to asH( ro) . These functions H( ro) are 
defined as the ratio between model's structural-acoustic response and force excitation 
(Ewins 2000): H(ro) = X(ro)/F(ro), where X(ro)and F(ro)are respectively the modal's 
response and external excitation in the frequency area. Observing, analysing and 
interpreting the FRF's one can establish certain useful patterns which can help in better 
understanding the physics of interior noise problems. The model's response was obtained 
at a particular acoustic point (receiver's or output point) using a single excitation applied to 
a certain structural point (input point). This combination could also be referred to as single-
input, single-output (SISO) test (Maia et. al. 1997). Plenty of structural points were used as 
input points including four points simulating vehicle tires, central point and some structural 
points of particular interest. The receiver's points were normally set at two positions 
representing driver's and passenger's ear position. Note that structural-acoustic FRF's in 
this project differ from the simple structural FRF's in that they reflect not only the 
structural characteristics but also acoustic properties of the models. Nevertheless, the main 
principles of modal testing remains the same and experimental testing can be conducted 
using the conventional structural approach via replacing the accelerometer measuring 
structural response by a microphone measuring sound pressure response. 
2 Amplifiers Shaker 
Figure 6.3: Schematic representation of test equipment 
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The experimental tests for all models have been conducted in the Noise and Vibration 
Laboratory at the Department of Aeronautical and Automotive Engineering at 
Loughborough University. To decrease errors due to the use of different apparatus, the 
same equipment was used for all tests. This equipment included a personal computer (PC) 
(Fig. 6.3, N2 I) that has been used for conducting all experimental tests. Through the 
software for Hewlett Packard (HP) Analyser (Fig. 6.3, N2 2) the PC could adjust the 
settings for input signal, record result data and control the measurement process during the 
tests. The HP Analyser, type 3566 FFT, was responsible for producing the input signal for 
a shaker (Fig. 6.3, N2 7) and for analysing the input signal from a transducer (Fig. 6.3, N2 
8) and output signal from a microphone (Fig. 6.3, N2 6). The shaker used was a Ling 
Dynamic Systems 200 series. The force transducer was Bruei&Kjaer Type 8200 (serial N2 
1874 132) with 0.408 pc/ms2 sensitivity. It was attached to the electromagnetic shaker via a 
push rod which has two functions: to decouple the lateral motion and to provide a 
convenient method of attachment to the model. The microphone was Bruei&Kjaer Type 
4133. The output signal from the microphone was supported by a Bruel&Kjaer Dual 
Microphone Supply Type 5935 amplifier (Fig. 6.3, N2 3) whereas the input signal from the 
force transducer was supported by a Bruei&Kjaer Type 2365 amplifier (Fig. 6.3, N24). The 
input signal for the electromagnetic shaker was transmitted by an ENDEVCO Model 
27218 charge amplifier (Fig. 6.3, N2 5) for providing an appropriate voltage. 
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Figure 6.4: A typical coherence graph 
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The data collected using the above mentioned test rig have been exported into Matlab 
using a piece of software. In Matlab environment it was possible to plot the desired graphs 
and make comparisons with other results. Experimental data were collected for a variety of 
different conditions and it was vital that all data collected were as accurate as possible to 
provide the quality of comparisons and conclusions. The coherence of the measured data 
was constantly examined and every attempt was made to maintain it. A typical coherence 
graph, as that shown in Fig. 6.4, demonstrates that the experimental data are not very 
precise at low frequencies, depending on the maximum frequency of interest. For example, 
a frequency band of 1600Hz causes relatively poor coherence up to 200Hz. 
5. Results and discussions 
5.1 Independent structural analysis of QUASI CAR 
Figure 6.5: Structural finite element model 
First of all, note that the QUASICAR's non-circular shell structure can be considered as a 
combination of simple structures: flat plates A and segments of circular shells B and C (see 
Fig. 6.5). Table 6.1 shows the natural frequencies of the simply supported rectangular plate 
having the same dimensions as the QUASICAR flat sides A (Columns 1, 2) and of the 
whole QUASI CAR model (Columns 4, 5). The corresponding spatial patterns are shown 
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in Figs. 6.6. and 6.7. Obviously, the two plates A of the QUASICAR have the lowest 
stiffness and consequently the lowest fundamental frequency in the whole combination. 
The analysis shows that the first resonant peak of the two plates A is at 67.035 Hz (67.039 
Hz- for anti-symmetric mode, see Fig. 6.6), the half of a circular shell B - 906.04 Hz, and 
the two quarters of a circular shell C - 1271.40 Hz. Bearing in mind the low-frequency 
range of interest for this research (up to 1000 Hz - corresponding to 250 Hz for a real 
vehicle) and noticing that resonant frequencies of curved parts are above 900 Hz, it is 
reasonable to approximate the normal modes of QUASICAR by the normal modes of a 
simply supported rectangular plate having the dimensions of the QUASICAR flat sides 
(see Fig. 6. 7). 
SlRUCTUR.AL MODES 
NATURAL FREQUENCY 61.03.5, Hz 
SYMMETRIC MODE 
a) 
SlRUCIUR.ALMODES 
NATURAL FREQUENCY 67.039, Hz 
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Figure 6.6: Lowest-order symmetric (a) and anti-symmetric (b) 
normal modes of QUASICAR 
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Resonant frequencies of the QUASI CAR structure and of the uncoupled flat plates A 
agree well in the frequency range considered. The results show that the natural frequencies 
of the coupled model (QUASICAR structure) are higher for the first four normal modes 
and lower for the rest of the modes, as compared to the resonant peaks of the uncoupled 
simply supported plate. In spite of these discrepancies, the results demonstrate that in the 
frequency range below 900 Hz, the predominant influence of the flat plates A makes it 
possible to approximate the modal characteristics of QUASICAR by those of a simply 
supported flat plate having the dimensions of the flat sides. The above conclusion is 
confirmed also by the analytical derivations based on the coupled-wave theory approach 
carried out by Krylov and Georgiev (2004). 
Simply supported plate, QUASI CAR, Rectangle, acoustic QUASI CAR, 
natural frequencies, Hz structural natural natural frequencies, acoustic natural frequencies, Hz Hz frequencies, Hz 
1 2 3 4 5 6 7 
Analytical FE FE Exp. Anal ical FE Exp. 
(1,1) 59.04 59.18 67.035 - (I ,O,D) 345.88 338.26 360.00 
- - -
67.039 
- (0,1 ,0) 571.86 574.02 582.00 
(1,2) 140.54 140.89 146.22 - (1,1,0) 668.32 666.27 -
- - -
146.23 - (0,0,1) 686.23 668.84 685.00 
(2,1) 154.68 155.10 157.67 
-
(2,0,D) 691.76 718.96 
-
- - -
157.67 - (1,0,1) 768.47 839.64 -
(2,2) 236.18 236.62 239.15 231.00 (0,1,1) 893.27 881.39 894.00 
- - -
239.15 
-
(2,1,0) 897.53 920.00 
-
(1,3) 276.36 277.12 264.51 265.00 (1,1,1) 957.90 985.49 
-
- - -
264.52 270.00 (2,0,1) 974.39 1017.10 980.00 
(3,1) 314.08 314.99 315.33 281.00 (3,0,0) 1037.64 1054.90 
-
- - -
315.33 297.00 (2,1,1) 1129.81 1140.50 -
(2,3) 372.00 372.62 364.40 342.00 (0,2,0) 1143.71 1162.20 1147.00 
- - -
364.40 - (3,1 ,0) 1184.79 1200.90 -
(3,2) 395.58 396.29 394.69 385.00 (3,0,1) 1244.03 1210.40 1207.00 
- - -
394.69 - (0,2,1) 1333.79 1280.40 -
(1,4) 466.51 467.81 415.13 451.00 (3,1,1) 1369.17 1318.20 
-
- - -
415.13 
-
(0,0,2) 1372.46 1340.90 
-
(3,3) 531.40 531.95 521.45 523.00 (1,2,1) 1377.91 1366.60 
-
- - -
521.45 
-
(4,0,0) 1383.53 1403.20 1407.00 
(4,1) 537.25 538.77 529.53 545.00 (4,1,0) 1497.05 1432.80 
-
- - -
529.54 
-
(I ,1,2) 1526.53 1433.80 1521.00 
(2,4) 562.15 563.07 538.04 - (4,0,1) 1544.36 1437.70 -
- - -
538.04 
-
(4,1,1) 1646.84 1486.00 1645.00 
(4,2) 618.74 619.85 601.92 - (0,3,0) 1715.57 1523.80 -
- - -
601.93 
-
(5,0,0) 1729.41 1543.50 1750.00 
(1,5) 710.98 712.91 615.62 652.00 (5,1,0) 1821.50 1569.60 
-
- - -
615.62 
-
(0,3,1) 1847.73 1593.00 1847.00 
(3,4) 721.55 721.99 691.67 700.00 (5,0,1) 1860.58 1593.30 -
- - -
691.68 - (1,3,1) 1879.82 1626.10 1872.00 
. Table 6.1: Natural frequencies of the QUASICAR, of the rectangular simply 
supported plate, and of the equivalent rectangular enclosure. 
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Figure 6. 7: Higher-order structural modes of QUASICAR: a) 364.4 Hz, c) 521.45 
Hz, e) 691.68 Hz, and of a simply supported rectangular plate: b) 372.62 Hz, d) 
531.95 Hz and f) 721.99 Hz. 
The analysis of the experimental data (Table 6.1, Column 4) shows some disagreements 
with the numerical results (Table 6.1, Column 3). The experimental tests covered the 
frequency spectrum from 231 to 700Hz. In the low-frequency range, between 230 and 350 
Hz, it can be noticed that there is a large number of natural frequencies that do not 
correspond to those obtained from the numerical and analytical calculations. As a reason 
for the disagreement between experimental and numerical data in the whole range of 
frequencies one can point out the differences between the FE model and the real test rig, 
e.g. the unaccounted influence of masses of the accelerometers, imperfections in the 
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boundary conditions, etc. In spite of these disagreements, the experimental analysis 
validates to some extent the numerical and analytical results and brings new ideas for 
further improvements of the experimental tests. 
5.2 Independent acoustic analysis of QUASI CAR 
Figure 6.8: Acoustic finite element model 
The analysis of the acoustic data (see Table 6.1, Columns 5, 6, 7 and Figs. 6.8 and 6.9) 
shows a good agreement between analytical, numerical and experimental results in the 
frequency range up to 1000 Hz. This implies that the use of the well known analytical 
formulae for the equivalent rectangular enclosure is the easiest way for a quick verification 
of numerical or experimental results. Above 1000 Hz the precision of the numerically 
determined natural frequencies is deteriorated, which is due to a smaller number of finite 
elements per wavelength. The differences between measured and numerically calculated 
acoustic natural frequencies may be partly explained by the unaccounted rectangular gap in 
the left-hand side part ofQUASICAR's shell test rig. 
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Figure 6.9: QUASICAR's first acoustic modes: a) (1,0,0)-338.26 Hz, b) (0,0,1)-574.02 
Hz, c) (2,0,0)-668.84 Hz and d) (1,0,1)-666.27 Hz. 
5.3 Independent structural analysis of the modified model Ml 
The geometry and the boundary conditions of the model MI are the same as those shown 
in Fig. 6.5. As was mentioned above, the only difference is the higher thickness of the 
bottom flat part of the shell that has been increased to 6.0 mm. In this way the symmetry 
in respect of the central horizontal plane of QUASICAR has been broken, which 
corresponds more realistically to the case of real vehicles having higher stiffness of the 
floor area. A normal mode FE analysis was performed for the first 20 normal modes, and 
the FE model employed in total 10287 nodes and 10000 isomesh CQUAD4 surface 
elements. 
Comparing the normal modes of the modified model MI (Fig. 6.1 0) and its natural 
frequencies (Table 6.2, Column 1) with those ofQUASICAR (Table 6.2, Column 4), one 
can notice some interesting facts. First of all, the predominant locations of vibrations in 
different modes are in one of the main parts of the model: the bottom flat part, the top flat 
part or the curved side parts. Only in a few modes, in the considered frequency range 0 -
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1000 Hz, all three parts are involved. The distinctive normal modes are associated with the 
different stiffness of the parts, while their geometrical forms remain the same. Secondly, 
in spite of the change of the model from QUASICAR to Ml (increase in mass and 
stiffness of the bottom part), the fundamental natural frequencies remain unchanged. 
Indeed, they are defined by the top plate, which has the lowest stiffness and was 
unchanged after the modification. 
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Figure 6.10: Structural modes of the modified model Ml: a) 67.242 Hz, 
b) 239.17 Hz, c) 391.51 Hz and d) 930.46 Hz. 
Except for the first three natural frequencies, the resonances do not match well and go 
down compared with the QUASICAR natural frequencies. The difference between both 
sets of resonant frequencies for higher-order modes, of course, was expected and reflects 
the influence of the additional mass and stiffness of the bottom plate. Suppressing of the 
participation of the bottom part of the shell in the formation of normal modes is another 
important feature demonstrated here. In the frequency range between 0 and 1000 Hz the 
bottom part is involved only in the five normal modes: at 224.37 Hz, 391.51 Hz, 653.34 
Hz, 682.27 Hz, and 844.27 Hz, whereas in QUASICAR model the bottom plate always 
plays the same role as the top one. Thus, the modified model Ml, which is closer to real 
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road vehicles than QUASICAR model, demonstrates some useful ideas for controlling the 
vibration behavior of car body structures and in the same time keeps the calculations 
simple. 
ModelM2, QUASI CAR Acoustic Model MJ, uncoupled (1) uncoupled 
and coupled (2) natural natural uncoupled (4) and uncoupled 
frequencies, Hz frequencies, coupled (5) natural natural 
Hz frequencies, Hz frequencies, Hz 
1 2 3 4 5 6 
67.242 72.313 15.310 67.035 67.909 67.039 76.488 
146.74 148.78 42.903 146.22 148.61 146.23 148.97 
157.69 156.53 63.063 157.67 156.47 157.67 156.59 
224.37 227.21 81.342 239.15 237.71 239.15 237.77 
239.17 237.74 93.019 264.51 270.03 264.52 270.44 
265.50 270.23 138.92 315.33 311.98 315.33 312.25 
338.09 146.59 338.59 (1,0,0) 338.26 
364.37 362.67 166.56 364.40 362.63 364.40 362.70 
391.51 386.70 174.53 394.69 386.57 394.69 386.83 
393.81 396.25 192.33 415.13 42129 415.13 421.90 
416.25 421.58 240.51 521.45 505.64 521.45 505.67 
519.43 505.66 273.76 529.53 527.01 529.54 527.13 
529.20 527.07 283.64 538.04 532.27 538.04 532.93 
574.68 338.82 575.89 (0,1,0) 574.02 
603.27 602.87 372.81 601.92 602.78 601.93 602.96 
613.52 608.83 378.62 615.62 608.83 615.62 608.90 
Table 6.2: Numerical results for modified models and structural-acoustic 
interaction in QUASICAR model 
5.4 Independent structural analysis of modified model M2 
The changes incorporated into the model M2 have been chosen with a view of a proper 
representation of a car body stiffened by side and bottom elastic beams. Thus, the simply 
supported boundary conditions on the sides of QUASICAR model have been replaced by 
those for attached elastic beams with circular cross sections of radius R = I 0 mm. In 
addition to these, the bottom plate was stiffened by means of two crossed beams (in 
transverse and longitudinal directions), which simulated the platform of a car (see Fig. 
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6.11 ). The fixed end conditions were imposed to the longitudinal beams. The whole model 
M2 thus simulated a higher stiffness of the bottom part and of the edges of a car body. 
Using FEM, a normal mode analysis was performed for the first 20 normal modes and 
frequencies, and the FE model employed 1584 isomesh CQUAD4 surface finite elements, 
340 CBAR beam finite elements and 1735 nodes. 
Figure 6.11: Structure of the modified model M2 
The results of the normal modes analysis are shown in Fig. 6.12 and Table 6.2, Column 3. 
The first four natural frequencies correspond to displacements of the modified model 
which are due to vibrations of elastic beams (the lowest stiffness in the model). The first 
normal mode, which corresponds to the fundamental frequency of QUASICAR model, 
appears at a higher frequency, 93.019 Hz. This was expected due to the increase of 
stiffness characteristics as a result of adding beam elements. The analysis of this model 
outlines the complexity of the task of structural simplification of a car body. From Fig. 
6.12 it can be seen that the spatial patterns of vibrations are a mixture of spatial patterns 
due to a simply supported rectangular plate (local modes) and spatial patterns caused by a 
greater degree of freedom of the model (global modes). However, the main location of 
structural vibrations remains the same - the panel with the lowest stiffness, namely the top 
plate of the modified model M2. 
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Figure 6.12: Structural modes of the modified model M2: a) 42.903 Hz, b) 146.59 Hz, 
c) 174.53 Hz, d) 338.82 Hz, e) 513.03 Hz and f) 858.38 Hz. 
6. Coupled structural-acoustic analysis 
6.1 Free vibration analysis (normal mode analysis) 
Interaction or coupling between the enclosed air and the structure means their mutual 
influence on the dynamic behavior of each other. The air acts via its pressure on the 
structural surface, and in the same time it is influenced by the normal displacements of the 
structure (see e.g. Junger and Feit 1972 or Fahy 1985). Thus, the air pressure on the surface 
is considered as a driving force in the governing equations of motion of the structure and 
the normal accelerations of the structural surface enter into the Helmholtz equation via 
'flexible wall' boundary conditions. Coupling of these equations leads to a single 
governing matrix equation for the whole system air-structure (see Eq.(3.69)). 
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Figure 6.13: QUASICAR's coupled modes: structural modes (left) and acoustic 
modes (right): a, b) 338.59 Hz, c, d) 386.83 Hz and e, f) 421.90 Hz. 
In the coupled structural-acoustic analysis the coupling of the first rigid-wall acoustic 
mode at 338.26 Hz with different structural modes has been considered in details. The 
energy of the coupled mode is divided between structural vibrations and air motions. In 
this respect, from the results shown in Table 6.2, one can distinguish "acoustic" and 
"structural" modes of the coupled QUASI CAR model (Column 5) and of the coupled 
modified model Ml (Column 2). The coupling between acoustic and structural modes 
depends on their spatial similarity and frequency closeness, as shown in chapter 4. The 
structural spatial patterns of QUASICAR and modified model Ml are two-dimensional; 
this means that structural modes will correspond best to the acoustic modes in the area of 
the relevant two-dimensional acoustic spatial patterns. 
Figures 6.13 and 6.14 show the normal modes of the coupled QUASICAR and Ml models 
affected by the first rigid-wall acoustic mode. The acoustic uncoupled mode at 338.26 Hz 
and with (1,0,0) spatial pattern influences some QUASICAR structural modes with spatial 
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patterns (2,3) at 394.69 Hz, and (4,1) at 415.33 Hz and some structural modes of modified 
model Ml with spatial patterns (2,1) at 396.25 Hz, and (4,1) at 421.58 Hz. Comparing the 
coupled QUASICAR modes at 394.69 Hz and at 421.90 Hz, one can notice that the better 
matching of the structural and acoustic spatial patterns in the latter mode, in spite of its 
remoteness from the rigid-wall frequency, leads to a more distinctive picture of the 
coupling rather than for the previous normal mode . 
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Figure 6.14: Coupled modes of the modified model Ml: structural modes (left) and 
acoustic modes (right): a, b) 338.09 Hz, c, d) 396.25 Hz and e, f) 421.58 Hz. 
Another interesting point is a great alteration of the fundamental frequency of the coupled 
models. As was pointed out by Fahy (1985), this phenomenon is due to a strong coupling 
of the first structural mode with the zero-order acoustic mode (0,0,0) having zero natural 
frequency, as it was mentioned in chapter 4 as well. Usually, the first cavity resonance 
frequency is above the fundamental structural frequency and coupling effects occur at 
frequencies above the first acoustic resonance, except for this case when the coupling 
occurs at frequency lower than the first acoustic peak. In this connection, one can recall 
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that QUASICAR model has two groups of natural frequencies: symmetric and anti-
symmetric. Finite element analysis shows that only symmetric modes can couple 
efficiently with the acoustic modes. This might be because in anti-symmetric structural 
modes the air inside the cavity moves as a rigid body and does not exhibit acoustic 
behaviour. The influence of the air on structural vibrations in anti-symmetric modes is also 
less pronounced than in the case of symmetric modes. This is why natural frequencies of 
symmetric and anti-symmetric structural modes in a coupled model have greater 
differences than in the case of the same structural modes in an uncoupled model, 
particularly for the fundamental modes. 
6.2 Forced vibration analysis (frequency response analysis) 
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Figure 6.15: Numerically calculated amplitude and phase FRF's at nodes 400 (solid 
curve) and 409 (dash-dotted curve) in QUASICAR model. 
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In the previous sections free vibrations of the uncoupled and coupled simplified vehicle 
models were considered as their modal parameters were determined. However, to estimate 
the interior noise due to external or internal driving dynamic forces, it is necessary to carry 
out a forced vibration analysis. In Figs. 6.15 and 6.16 one can see the results of numerical 
calculations for magnitudes and phases of the FRF's of the QUASICAR model and of the 
modified model Ml respectively. The solutions are rather typical for forced dynamic 
systems, with the presence of resonant peaks at different frequencies. Note that in the case 
under consideration the resonance peaks appear at the natural frequencies of the coupled 
modes. The phases of the FRF's show regions of positive and negative values 
corresponding to the interior sound pressure and the driving force being in phase and out of 
phase. Comparing the resulting interior noise for these two models calculated for the same 
driving force one can notice the reduction of the interior sound pressure levels in the 
modified model Ml, which apparently is due to the higher thickness of its bottom part. 
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Figure 6.16: Numerically calculated amplitude and phase FRF's at nodes 400 (solid 
curve) and 409 (dash-dotted curve) in the modified model Ml. 
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Figure 6.17: Measured amplitude and phase FRF's at node 400 in QUASICAR 
model. 
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Experimental measurements of amplitudes and phases ofFRF's have been carried out for 
the QUASICAR model only. The results can be seen in Figs. 6.17 and 6.18 for the 
locations corresponding to the above-mentioned nodes 400 and 409 respectively. It can be 
seen that there is a certain agreement between the two sets of data for QUASICAR, the 
predicted and measured. All numerically calculated resonant peaks are visible in the 
measured FRF' s, thus confirming that the obtained numerical results are reliable. 
Some discrepancies between the numerical and experimental data can be partly explained 
·by high sensitivity of FRF's to the exact location of the response point. Therefore, 
unavoidable errors in the placement of the microphone at locations corresponding to the 
nodes 400 and 409 might have resulted in changes in the measured FRF's. Also as it was 
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discussed before, the first part of experimental FRF's, at low frequency range, the 
resonance peaks are not very well displayed due to the poor coherence in this range. 
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Figure 6.18: Measured amplitude and phase FRF's at node 409 in QUASICAR 
model. 
6.3 Comparison between analytical and numerical acoustic pressure 
responses 
Figures 6.19 and 6.20 show the comparison between the acoustic pressure responses at 
nodes 400 and 409 respectively for the QUASICAR model calculated numerically and 
using the analytical simplified approach. Both figures demonstrate a relatively good 
coincidence between analytical and numerical results. The observed areas of disagreement 
apparently reflect the consequences of the applied approximation of the QUASICAR 
acoustic cavity by the equivalent rectangular box Georgiev et.al. (2006). It is more 
interesting and useful, however, to discuss the areas of the observed agreement between 
the results of the two approaches. 
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First of all, note that the vibrating structure used in the analytical formula is a plate having 
the same dimensions as the top and bottom quasi-flat parts in the QUASICAR structure. 
As was shown in section 5.1, the predominant vibrations of QUASICAR model are 
concentrated on the flat plates in the range from 0 to around 700 Hz. This is why most of 
the structural resonances coincide well for both figures. The discrepancies can be partly 
explained by the difference in boundary conditions for the vibrating plates. Therefore, one 
can conclude that for simplification of a complex model in a certain frequency range it is 
enough to construct only its main structural panel which contributes most to the total 
vibration response in this range. 
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Figure 6.19: Comparison of the analytically (solid curve) and numerically (dash-
dotted curve) calculated FRF's of the QUASICAR at node 400. 
Although the locations of the resonant frequencies show a good agreement, the amplitudes 
of the resonant peaks are comparatively different. The same parameters were used in the 
calculations of both pressure responses: attenuation factors, disturbing forces, positions of 
the disturbing force, and positions of the receiver point. The most likely reason for the 
discrepancies in the peak amplitudes could be uncertainty in the location of the receiver 
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point. In spite of the fact that this position has the same coordinates, its distances from the 
real models' walls appear to be different because of the above-mentioned approximation of 
the QUASICAR interior by the equivalent rectangular enclosure. Therefore, although the 
approximation of the model's acoustic cavity by a rectangular enclosure with the same 
volume is possible and yields relatively good results, it can not guarantee the exact position 
of the receiver point and consequently the same amplitudes for these resonant peaks 
observed. 
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Figure 6.20: Comparison of the analytically (solid curve) and numerically (dash-
dotted curve) calculated FRF's of the QUASICAR at node 409. 
7. Conclusions 
In the present chapter the results of analytical, numerical and experimental approaches to 
modelling structure-borne interior noise in the simplified vehicle model QUASICAR and 
its modification have been reported. The analytical part included calculation of sound 
pressure responses in an approximated model of QUASICAR, consisting of equivalent 
rectangular cavity with one flexible wall. The numerical simulations have been carried out 
for free and forced structural-acoustic responses of the QUASICAR model. Initially, the 
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structural and acoustic parts have been considered separately and then as a fully coupled 
model. Along with the analytical and numerical studies, a number of experimental FRF's 
have been obtained at the position of driver's and passenger's ear location. 
The original results obtained in consequence of above stated accomplishments could be 
listed as follows: 
• It has been found that in the low frequency range the structural vibrations of the 
QUASICAR can be approximated by those of simply supported plates 
corresponding to the flat parts of the structure. 
• The analysis of the modified model Ml has demonstrated that, as a result of the 
higher thickness of the bottom part, its surface displacements are significantly 
suppressed at lower frequencies which in turn assists in reducing interior noise 
in this range. 
• The other modified model M2 successfully revealed the complexity of models 
with a limited number of constraints. Their normal modes represent a mixture 
between local and global modes as each of them contribute to the interior noise. 
• In the coupled structural-acoustic models, QUASICAR and modified model 
Ml, it has been confirmed that the interaction between structures and the 
enclosed air depends on spatial similarity between structural and acoustic 
normal modes, as discussed in chapter 4. 
• The pressure FRF's due to a forced structural excitation in the coupled models 
QUASICAR and Ml have been calculated. It has been shown that the level of 
structure-borne interior noise in the model Ml is lower than in the QUASICAR 
because of the increased thickness of the bottom part of the structure. The 
comparison between numerical and experimental data showed that FE resonant 
peaks are visible in the experimental FRF's for the same response points, 
although some discrepancies occur. 
• Lastly, the comparison between analytical and numerical FRF's has shown a 
reasonably good agreement. This proves the possibility of using the 
QUASI CAR model for analytical description of structure-born interior noise, 
in addition to the well-known simplest rigid box with one flexible wall. 
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Chapter 7 
Interior noise investigation in a simplified non-
circular shell model including engine mass 
1. Introduction 
In the previous chapter, a simplified reduced-scale model of vehicle's compartment has 
been considered, including two model modifications aiming to represent some 
characteristic features of real vehicles. Among these important features, one could point 
out a vehicle engine. Jha (1976) determined the engine as a source of airborne noise and 
structural vibration. This is why in the simplified model considered in this chapter an 
attempt to simulate the vehicle's engine and its effect on structure-born interior noise has 
been undertaken. 
The new model considered in this chapter has been developed by Georgiev and Jensen 
(Jensen 2005) to investigate the effect of a slight increase in the complexity compared to 
the QUASICAR model. In addition to the above mentioned vehicle engine, in this model 
there are some new structural elements, such as chassis beams and limited number of 
constraints. Although modern cars' structures are based on the so called "uni-body" 
philosophy, the current model is a bid for simulating a more traditional vehicle's 
compartment, chassis and engine. This new model links the QUASICAR model with real 
vehicle models, keeping the main structural element, the non-circular shell, and 
incorporating some new real features. 
The investigation of this simplified reduced-scale model is mainly experimental, whereas 
some of the results are compared with numerical data obtained from finite element 
simulations. The analysis includes some common features, such as normal mode analysis 
of structural and acoustic parts and calculation ofFRF's at the driver's and passenger's ear 
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positions when the exciter is located at different positions on the structure. But also it 
contains some new aspects of vehicle interior noise analysis, such as treating the structure 
with damping materials. In this regard, the study of a simplified non-circular shell model, 
including the engine section, involves some classical approaches for reducing noise levels 
into the concept of simplified reduced-scale modelling of vehicle interior noise. 
2. Model description and boundary conditions 
The model under consideration has been designed paying attention to two important 
premises. Firstly, the model should stay close to the QUASICAR model, and secondly, it 
should incorporate some new features typical of real vehicle's structures. To satisfy the 
first aspect, the design of the compartment shell was kept close to the QUASICAR model, 
Fig. 7.1 (a) and (b). Thus, the main structural and entire acoustic parts have the same 
geometrical forms, similar to the QUASICAR model, but with different dimensions. The 
compartment shell was build using metal sheet of 1 mm thickness. The metal structure has 
a slot in one of its ends for a microphone approach, Fig. 7.1 (b). Similar to the 
QUASICAR model the microphone was accommodated in the compartment cavity using a 
microphone stand and a very light rod, as can be seen in Fig. 7.1 (c). 
As far as the second requirement is concerned, a few changes were introduced in order to 
reflect more real features of cars' structures. The most substantial modification is related to 
the model's constraints: all simply supported restrictions along the compartment shell's 
edge were removed. The model was supported only by four stationary points which 
roughly simulate vehicle's tyres. Another alteration is the introduction of the vehicle's 
chassis. It was simulated by two metal beams that link the compartment shell and the 
engine part. The main point is to model the transmission of certain disturbances from the 
engine part to the compartment shell through the beams. The beams were designed to be 5 
times thicker than the compartment shell. The engine part was constructed using a number 
of steel plates attached to the beams by four bolts. Also, in contrast to QUASI CAR model, 
side walls were made of steel plate, 1 mm thick, and bolted to the main compartment shell 
by means of six bolts. These side walls reproduced the dynamic behavour of vehicle's 
doors. 
Since most vehicles are supported at four tyres attached to suspension points of the 
structure, it was decided that the simplified model should be grounded by four points 
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during testing as is the real case. The above-mentioned boundary conditions were 
implemented using four long bolts attaching the compartment shell and the two beams to 
two wooden beams, as it can be seen in Fig. 7.1 (d). The contact between the model's 
beams and wooden parts was minimized by using ordinary nuts. In this way the stationary 
four points were constructed by four stationary areas with diameter approximately equal to 
the size of nuts used. The wooden beams were in turn clamped to laboratory's tables which 
were loaded by heavy weights to assure proper grounded boundary conditions. 
Figure 7.1: Model pictures: (a) whole model, (b) microphone slot in the back side, (c) 
microphone stand and rod, (d) model's support and boundary conditions 
3. Results and discussions 
3.1 Normal mode analysis 
Normal mode analysis has been conducted numerically using FEM. Two models have 
been considered: without the engine and with the engine. For the design of the model's 
structure, without engine, 2412 CQUAD and 64 CBAR structural finite elements and 2639 
structural nodes have been used. In addition to the initial model, for the design of the 
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engine, 50 CQU AD structural finite elements and 64 structural nodes have been inserted. 
The acoustic domain, which was the same for both models, has been constructed using 
8623 CHEXA acoustic finite elements and 9912 acoustic nodes. In the numerical analysis, 
120 normal modes were used, covering the range from 0 to 1.6 kHz. 
The normal mode analysis shows the model's structural displacements and pressure 
fluctuations for a set of normal modes in the frequency range of interest. Similarly to the 
QUASI CAR model, described in chapter 6, the observed structural displacements could be 
associated to certain local panels or to the global structure. The fundamental natural 
frequency is 21.82 Hz, and it is associated with surface displacements of the side walls and 
of the top plate, as it can be seen in Fig. 7.2 (a). This figure identifies the panels with lower 
equivalent stiffness, which in turn allows these panels to take part in most of the normal 
modes. Particularly, the side walls appear to be the loosest panels due to their weak 
attachment to the main structure. Furthermore, keeping in mind the theoretical notes in 
chapter 3 and the case study in chapter 4, it should be noted that the predicted high 
structural activity of the side walls and of the top plate could excite certain acoustic modes, 
particularly those with close frequencies. 
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Figure 7.2: Certain normal modes at: (a) 21.82 Hz, (b) 42.55 Hz, (c) 62.46 Hz, and (d) 
460.61Hz 
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Besides the side walls and the top plate, there are three more distinctive regions: curved 
sections, bottom plate and the two beams. The curved sections have considerably higher 
stiffness compared to the other panels, which isolates them from most normal modes. This 
is why they take part mostly in the global modes at higher frequencies, as can be seen in 
Fig. 7.2 (d). The bottom plate has the same stiffness as the top plate, but the two beams act 
as stiffeners that divide the plate into three smaller flat sections. Their surface 
displacements appear at a higher frequency, as compared to the top plate. Thus, in the low 
frequency range, the top plate and the side walls are the panels that contribute most to the 
total acoustic response, and the potential measures for reducing the interior noise should be 
referred to them. 
Similarly to the QUASI CAR model, the current model is rather rectilinear and symmetric. 
This is why many close and equal natural frequencies have been expected as discussed in 
chapter 5 and 6. The symmetry of the model is related to XY plane. In respect of this 
plane, two elements could be considered as completely symmetric, namely: the side walls 
and the two beams. Their local normal modes are divided into two sets: symmetric and 
anti-symmetric (see Fig. 7.2 (b), Fig. 7.3 (a)- symmetric and Fig. 7.2 (c), Fig. 7.3 (b)-
anti-symmetric), as in QUASICAR model. All equal or close natural frequencies are 
associated with one of these two elements: either with the side walls or with the two 
beams. 
Adding the engine section to the base model does not influence much the structural normal 
modes. First of all, the fundamental frequency in this case is lowered and appears at 17.86 
Hz, as it can be seen in Fig. 7.3 (c) or in Table 7.1. This is due to the new structural 
element, the engine plate plus the two beams that can be likened as a mass-spring system. 
These structural elements do not influence much the rest of the structure and most of the 
natural frequencies remain the same (see Table 7.1) as in the base model, without engine. 
A likely reason for that could be the very differing modal parameters of the engine plate 
and the two beams; they have about 5 times higher thickness compared to the main 
structure. Moreover, adding the engine plate connects the two beams and causes their 
symmetric and anti-symmetric normal modes to disappear, at least, in the frequency range 
up to 1.6 kHz. Figure 7.3 (d) shows a new normal mode related to these structural elements 
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at 133.66 Hz. In general, all new normal modes in the model with engine can be referred to 
the new structural elements, engine plate plus the two beams. 
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Figure 7.3: Certain normal modes at: (a) symmetric mode of the two beams at 330.63 
Hz, (b) anti-symmetric mode of the two beams at 330.63 Hz, (c) the fundamental 
normal mode of the model with engine section at 17.86 Hz, (d) the normal mode of the 
engine section at 133.66 Hz 
.N'2 Model without engine, Model with engine, 
natural frequencies, Hz Natural frequencies, Hz 
I 21.82 17.85 
2 22.18 21.82 
3 35.55 22.18 
4 42.54 35.55 
5 47.55 42.54 
6 48.54 47.55 
7 48.93 48.54 
8 53.00 48.93 
9 53.00 53.57 
10 53.57 61.37 
11 61.37 62.46 
12 62.46 70.66 
13 70.66 79.64 
14 79.64 85.47 
15 90.62 90.62 
16 106.76 106.76 
17 108.43 108.43 
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X• Model without engine, Model with engine, 
natural frequencies, Hz Natural frequencies, Hz 
18 112.62 112.62 
19 113.39 113.39 
20 120.81 120.81 
21 127.97 127.97 
22 144.15 133.36 
23 162.92 144.15 
24 163.15 162.92 
25 165.64 163.15 
26 165.64 169.76 
27 169.76 170.88 
28 170.88 182.84 
29 182.84 187.30 
30 187.30 189.87 
31 189.87 196.90 
32 196.90 197.06 
33 197.06 202.17 
34 202.17 204.99 
35 204.99 207.80 
36 207.80 216.79 
37 216.79 217.23 
38 217.23 223.21 
39 225.05 225.05 
40 228.95 228.95 
41 234.22 234.22 
42 243.84 243.84 
43 246.86 246.86 
44 247.43 247.43 
45 250.33 250.33 
46 255.88 255.88 
47 258.50 258.50 
48 277.91 277.91 
49 284.94 284.94 
50 284.98 284.98 
Table 7.1: The model's natural frequencies 
3.2 Frequency response analysis 
The frequency response analysis included a number of numerical simulations using FEM 
and experimental test conducted in the Acoustics and Vibration Laboratory. There were in 
total44 experimental tests and 20 numerical simulations covering part of the experimental 
ones, as it can be seen in Table 7.2. Tests 1 to 34 study the effect of different shaker and 
microphone positions in the model with and without engine. Moreover, in this set oftests 
some have been repeated using different beams. The initial design of these beams included 
5 lists of 1 mm steel material, the same as the main structure, which appeared to be rather 
soft to estimate the effect of engine plate. This is why, solid beams, 5 mm thick, have been 
employed for that purpose. 
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Nt Shaker Microphone Engine Felt Damping Comments Location Location Material 
I c DR YES NO NO 
2 c DR NO NO NO 
3 c PA YES NO NO 
4 c PA NO NO NO 
5 c DR NO NO NO Flexible Beams 
6 c PA NO NO NO Flexible Beams 
7 R DR YES NO NO 
8 R DR NO NO NO 
9 R PA YES NO NO 
10 R PA NO NO NO 
11 FL DR YES NO NO 
12 FL DR NO NO NO 
13 FL PA YES NO NO 
14 FL PA NO NO NO 
15 FL DR YES NO NO Flexible Beams 
16 FL DR NO NO NO Flexible Beams 
17 FL PA YES NO NO Flexible Beams 
18 FL PA NO NO NO Flexible Beams 
19 FR DR YES NO NO 
20 FR DR NO NO NO 
21 FR PA YES NO NO 
22 FR PA NO NO NO 
23 BL DR YES NO NO 
24 BL DR NO NO NO 
25 BL PA YES NO NO 
26 BL PA NO NO NO 
27 BR DR YES NO NO 
28 BR DR NO NO NO 
29 BR PA YES NO NO 
30 BR PA NO NO NO 
31 FL2 DR YES NO NO 
32 FL2 DR NO NO NO 
33 FL2 PA YES NO NO 
34 FL2 PA NO NO NO 
35 R DR YES NO NO 
36 R PA YES NO NO 
37 R DR YES 1,2,3 NO 
38 R PA YES 1,2,3 NO 
39 R DR YES 1,2 NO 
40 R PA YES 1,2 NO 
41 R DR YES I NO 
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.N"o Shaker Microphone Engine Felt Damping Comments Location Location Material 
42 R PA YES I NO 
43 R DR YES NO YES 
44 R PA YES NO YES 
Table 7.2: Test characteristics for the model under consideration 
Tests 35 to 44 study the effect of different absorbing and damping materials on the sound 
pressure levels. In these tests the shaker was placed at a random position, referred to as R 
in Table 7.2, but it was the same position for all 10 tests. The microphone was shifted from 
driver's to passenger's ear position. Three areas from the model interior were lagged using 
felt material. These are top and bottom surfaces of the interior, referred to as 1 in Table 
7.2, curved portion of the interior- 2, and side walls of the interior- 3. 
.N'2 Shaker Location Microphone Location Engine 
I c DR YES 
2 c DR NO 
3 c PA YES 
4 c PA NO 
5 FL DR YES 
6 FL DR NO 
7 FL PA YES 
8 FL PA NO 
9 FR DR YES 
10 FR DR NO 
11 FR PA YES 
12 FR PA NO 
13 BL DR YES 
14 BL DR NO 
15 BL PA YES 
16 BL PA NO 
17 BR DR YES 
18 BR DR NO 
19 BR PA YES 
20 BR PA NO 
Table 7.3: Numerical simulations and their characteristics 
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Numerical simulations have been carried out using MSC.Nastran and MSC.Patran 
programs. FE calculations covered all tests related to positions of shaker and microphone, 
with engine and without engine. Additional measurements were taken in the laboratory to 
determine the applied force used during the testing which was found to be 2.6 N. The 
important aspect of FE calculations was the damping simulation of the real model. To 
determine damping characteristics of a real structure is extremely difficult task and is 
beyond the scope of this thesis. The 3% structural and 1% acoustic damping was used for 
all numerical simulations. 
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Figure 7.4: Effect of shaker's position (a) and microphone's position (b) 
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3.2.1 Effect of shaker and microphone positions 
Similarly to the QUASICAR model considered in chapter 6, the current model can 
demonstrate the effect of different shaker and microphone positions. Figure 7.4 (a) shows 
the experimentally measured sound pressure responses at the passenger's ear position 
when the exciter was initially placed at a front right position (test 21) and later at a back 
left position with respect to the bottom plate. 
Obviously, in both cases the shaker excites roughly the same number of normal modes as 
the difference is mainly in the sound pressure amplitudes. This is due to the positioning of 
the exciter in a relatively distant location from the center of the bottom plate. In the case 
when the exciter was placed in a central position the difference is not only in the amplitude 
levels but also in the frequency contents of sound pressure responses. Similar results were 
obtained in the case when the position of microphone was under examination (see Fig. 7.4 
(b)). 
3.2.2 Comparison between both sets of beams 
As was discussed earlier in this chapter, there were two sets of chassis members: rigid and 
flexible (consisting of metal sheet plates) beams. This is why it is interesting to make a 
comparison between acoustic responses for both cases. Figure 7.5 (a) shows the sound 
pressure response of the model with both sets of beams. Test 2 corresponds to solid beams, 
whereas test 5 -to flexible beams. The shaker for both tests was placed in the centre of the 
bottom plate. 
The acoustic response with solid beams is lower in the frequency range from 0 to 400 Hz 
and higher above 400 Hz compared to that with flexible beams. A likely reason for this 
behaviour, below 400 Hz, could" be the effective suppression of the low frequency normal 
modes of the bottom plate through the solid beams. They work as stiffeners and restrain the 
surface displacements of the bottom plate, particularly in low frequency range, where the 
wavelength of the surface displacements is higher than the unrestricted areas of the bottom 
plate. In the high frequency range, the wavelength of the surface displacements is smaller 
than the unrestricted areas of the bottom plate and the stiffening effects of solid beams are 
negligible. In this regard, it is rather unclear why the observed rise of acoustic pressure in 
the model with solid beams occurs. 
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Figure 7.5: Effect of different sets of beams: (a) the shaker was placed at the cent er of 
the bottom plate, (b)- at front left position 
Figure 7.5 (b) shows the acoustic pressure, again for both cases, test 13- solid beams and 
test 17 - flexible beams, but this time the shaker was located at the front left (FL) position 
with respect to the bottom plate. In this case the overall sound pressure level is nearly the 
same for both sets of beams. There are no any distinctive discrepancies for both graphs. A 
possible explanation for this behaviour could be found in the position of the shaker. In 
spite of different values of stiffness of both sets of beams, the shaker was quite close to one 
of the constraints, which weakened the effect of beams and limited the number of excited 
normal modes. Note also that for both figures the resonant peaks were observed at 
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approximately the same frequencies, which means that the chassis beams do not influence 
much the model's normal modes. 
In summary, the comparison between the structures with rigid and flexible beams shows 
that the interior noise is lower when the first type is used in the range from 0 to 400 Hz. 
However, its level has increased in the range between 400 and 1600 Hz. In the second 
case, when the shaker was shifted to the front left position, both graphs are nearly the 
same. 
3.2.3 Effect of engine mass on vehicle interior noise 
Simulating the effect of engine's mass on interior noise levels is a matter of particular 
interest since the additional mass should affect structural normal modes which in turn 
could influence the sound pressure response inside the vehicle's compartment. Figure 7.6 
shows acoustic pressure responses at driver's ear position when the exciter was placed at 
the center of the bottom plate. Test 1 was conducted with the engine mass, whereas test 2-
without the engine mass. 
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Figure 7.6: Comparison between acoustic FRF's inside the model with engine (test 1) 
and without engine (test 2); exciter was placed at the centre of the bottom plate 
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The graphs show that there are no significant discrepancies between the amplitude levels 
and frequency contents of the two pressure responses. Although the two data sets do not 
precisely overlay each other, the coincidence is adequate to see that the effect of additional 
engine's mass is negligible for the model under consideration. Obviously, this result 
reflects the structural design of this particular simplified model and can not be used for 
drawing more general conclusions. 
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Figure 7.7: Comparison between acoustic FRF's inside the model with engine (test13) 
and without engine (test 14); exciter was placed at the front left position 
Similarly to Fig. 7. 6, in Fig. 7. 7 experimental results are shown for sound pressure 
responses measured at the passenger's ear position when the exciter was placed at the front 
left position in respect to the bottom plate. Test 13 was conducted with engine mass, 
whereas test 14 - without engine mass. The comparison between the two sets of data 
confirms the results of Fig. 7.6. The coincidence is too good to point out any particular 
disagreements between the two models. As was mentioned above, the reasons for such a 
behaviour should be related to the structural design of the model. 
Note that the engine section was attached to the main part through two metal beams that 
were five times thicker than the thickness of the main structure. This should be the most 
likely reason for such a coincidence between the two acoustic responses. The stiffness of 
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the two beams is much higher as compared to that of the compartment section, thus 
suppressing the transmission of elastic waves between the engine and the compartment. 
This is why the effect of engine mass could not be detected in the sound pressure responses 
for this frequency range. 
3.2.4 Effect of acoustic lining on vehicle interior noise 
Using sound absorbing lining in vehicle compartments in order to reduce acoustic pressure 
responses is an important and widely used approach in automotive industry. This effect 
will be demonstrated in this section to show that simplified reduced-scale models could be 
used successfully for modelling and studying this method of noise reduction. The 
absorbing material used to line the model's interior was lmm thick felt. 
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Figure 7.8: Comparison between acoustic FRF's with felt material (test 37) and 
without it (test 35) 
Figure 7.8 shows a comparison between sound pressure FRF's in the model's cavity 
without absorbing material (test 35) and with the felt lining (test 37). As it can be seen, a 
lower acoustic FRF is exhibited for the compartment lined with felt. Note that the 
difference between the two graphs below 300 Hz is insignificant, compared to that above 
300 Hz. Most likely this could be related to the absorbing characteristics of the felt 
material. Apparently, felt can not absorb sound in the low frequency range. 
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Figure 7.9: Comparison between acoustic FRF's with felt material (side walls 
excluded, test 39) and without it (test 35) 
The experiments were carried out using different combinations of panels treated with 
sound absorbing material. The point was to determine whether any surface contributed 
more to sound pressure responses than others. In this regard, Figs. 7.9 and 7.10 show 
comparison between sound FRF in the model without felt lining, test 35, and with lining 
on the top and bottom plates and curved surfaces (side walls were excluded), test 39. In the 
test 41 the felt lining was placed only on flat top and bottom plates (side walls and curved 
surfaces were excluded). 
As anticipated, the more interior surfaces were covered the stronger the sound FRF's were 
suppressed. Through analysis of the results it was found that the largest decrease in interior 
noise levels was caused by felt being added to the side walls of the vehicle model. In the 
case when felt was added to the other surfaces, a smaller reduction in noise amplitudes was 
observed. Indeed, analysing Fig. 7.8 (test 37) and Fig. 7.9 (test39), one can see a visible 
increase in acoustic response due to the felt being removed from the side walls. This could 
suggest that the lining on the side walls have much influence on the acoustic response 
mainly because it covers larger area of the model's cavity. 
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Another support for this conclusion can be found in the normal mode analysis, where it 
was emphasized that the model's surface displacements are largely concentrated on the 
side walls, and as a result their vibrations produce relatively large amount of noise 
compared to other surfaces. 
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Figure 7.10: Comparison between acoustic FRF's with felt material (side walls and 
curved surfaces excluded, test 41) and without it (test 35) 
Except for the change in noise amplitudes, the graphs shown in Figs. 7.8, 7.9 and 7.10 
demonstrate a slight shifting at some frequencies. This means that felt lining not only 
reduces interior noise, but also shifts some of the resonance peaks. These results agree well 
with those observed by Craggs and Buma (1989). They pointed out the two effects which 
appear after introducing absorbing lining into an enclosure: firstly, an increase of damping 
factor, and secondly, a small change of acoustic natural frequencies. The first one was 
demonstrated in the current experiments via the reduction of interior noise amplitudes, and 
the second one was observed via shifting the resonance frequencies. Also, one should take 
into account the position of a microphone. If the receiver is close to absorbing lining, then 
the interior noise levels are lowered, as it was shown by Ernster et.al. (1999). 
3.2.5 Effect of vibration damping material on vehicle interior noise 
Another well-known and widely used measure of structure-born noise reduction is the use 
of vibration damping material on structural surfaces. The attached damping materials can 
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suppress structural vibrations, which in turn reduces the noise generation. In this particular 
case the damping material, an asphalt based layer of 1.2 mm thickness, was attached to the 
top and bottom plates of the model structure. 
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Figure 7.11: Comparison between acoustic FRF's with damping material (tests 43 
and 44) and without it (tests 35 and 36): at driver's (a) and passenger's (b) ear 
positions 
Figure 7.11 (a) and (b) show the comparison between acoustic FRF's of non-treated (test 
35 and 36) and treated with damping material (test 43 and 44) compartment. Test 35 and 
43 were measured at driver's ear position, whereas test 36 and 44- at passenger's one. As 
anticipated, the acoustic response in the model's cavity treated with damping material is 
significantly lower compared to that in the non-treated one. Also, in Fig. 7.11 one can see 
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that some frequencies exhibit different reductions in acoustic response than others. This is 
probably due to the presence of structural- and acoustic-dominated natural frequencies in a 
structural-acoustic system, such as the current model. Because damping material 
suppresses structural vibrations only, its effect on acoustic-dominated resonances is not so 
much pronounced. 
3.2.6 Comparison between experimental and numerical data 
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Figure 7.12: Comparison between experimental (test 25 and 14) and numerical (sim 
15 and 8) acoustic FRF's in the model with engine section (a) and without it (b) 
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The comparison between experimental and numerical data is important not only for 
validation purposes, as was discussed in chapter 4, but also to demonstrate some 
advantages and disadvantages of the two approaches in testing and simulating a simplified 
reduced-scale model. All comparisons between numerical and experimental data (20 
graphs in total) show relatively similar trends and behaviours. This is why only two of 
them are presented here (see Fig. 7.12}. The first one (a) presents the acoustic FRF's 
measured at the passenger's ear position when the shaker was placed at a back left position 
and the model includes the engine section. Test 25 corresponds to experimentally obtained 
data, whereas sim 15 - to numerically calculated data. The second one (b) shows again 
experimental and numerical acoustic FRF's measured at passenger's ear position, but this 
time the shaker was placed at a front left position and the engine section was excluded. 
Analysing the graphs in Fig. 7.12 one can see that numerical and experimental resonances 
at about 30, 75, 110 and 420Hz agree well with each other. Unfortunately, the coherence 
of experimental data was quite poor in the low frequency range (up to 150 Hz), as was 
discussed in chapter 6, whereas the numerical data are not very precise above 250 Hz, 
which makes the comparison rather difficult task. Apparently, the use of simplified 
reduced-scale modelling can filter the most important structural elements of real vehicle 
structure and assist in quick, cheap and reliable interior noise analysis at a design stage. 
4. Conclusions 
In the current chapter, a simplified reduced-scale model including engine mass has been 
investigated. The physical model was built and tested at the Noise and Vibration 
Laboratory. Along with experimental testing, the same model was simulated through 
FEM. The FE analysis included normal mode simulations of the model with and without 
engine mass. Frequency response analysis of this model studied the effect of different 
design elements, such as the position of a shaker and a microphone, different types of 
chassis beams, engine mass, acoustic lining material and vibration damping material, on 
interior noise levels. Lastly, a comparison between experimentally and numerically 
obtained data was conducted as well. 
As a result of the above-mentioned procedures, a number of original results and 
conclusions have been established. They are summarized below: 
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• The normal mode analysis of this model has demonstrated that structural 
displacements of side walls are present in most of the normal modes, which 
means that they might contribute most to the interior noise. 
• The engine section lowered the fundamental frequency of the model, but in fact 
it does not take significant part in the model's normal modes, which means that 
its effect on interior noise is negligible. 
• Once again, it has been shown that the positions of a shaker and a microphone 
are of great importance for measured acoustic FRF's. 
• A noticeable reduction of interior noise levels has been achieved using sound 
absorbing and vibration damping materials. A combination of these two types 
of materials can be considered as the most effective measure for vehicle interior 
noise mitigation. 
In the light of the above-mentioned results and conclusions, obtained in this chapter it can 
be said that utilizing simplified reduced-scale models can facilitate the design and testing 
of some classical measures of interior noise reduction, such as treatment of panels with 
sound absorbing and vibration damping materials. Moreover, applying FEM to such 
models can save time and efforts as these simple models require smaller numbers of FE for 
their numerical investigation. 
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Chapter 8 
Finite element analysis of simplified vehicle models 
of gradually increased complexity 
1. Introduction 
A number of simplified reduced-scale models representing a vehicle compartment, such as 
a rectangular boxes or a non-circular shell, have been considered so far. In the present 
chapter a series of simplified vehicle models of gradually increased complexity are 
numerically investigated and analysed using FEM. The sequence of models to be 
investigated consists of six simplified structures. The simplest of them represents the 
already familiar rectangular box structure, and the most complex one gives an 
unambiguous impression of an average car compartment. Every subsequent model 
represents a modified structure as compared to its previous one. These small and simple 
modifications characterise certain compartment's design elements, such as wind and back 
screens, or just define the forms of a compartment. The main objective of this chapter is to 
investigate the influence of gradual changes in structural models on structure-borne vehicle 
interior noise. The first part of this chapter deals with normal mode analysis of the 
proposed models, whereas in the second part, a frequency response analysis is conducted. 
2. Description of the simplified vehicle models 
As was mentioned above, a sequence of six simplified vehicle models of increased 
complexity was investigated. For the sake of simplicity, these models are identified as 
model "A", "B", ... , and "F" (see Fig. 8.1). The models have characteristic dimensions of a 
typical medium size car: 2.4, 1.4, and 1.5 m respectively in X, Y, and Z directions. The 
thickness of all walls is 8 mm, which corresponds to a fundamental structural frequency 
matching the fundamental frequency of a typical car body, in the range of 5-20 Hz. The 
number of structural and acoustic finite elements and element nodes is nearly the same for 
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Figure 8.1: Geometry of the models: a) model "A", b) model "B", c) model "C", d) 
model "D", e) model "E" and t) model "F". 
all models. The relevant information can be found in Table 8.1. For the structural part of 
the analysis, "CQUAD" finite elements were used, whereas for the acoustic part, 
"CHEXA" finite elements were employed. The mesh size was consistent with the 
maximum frequency range of interest, which was 500Hz (a wavelength of0.6626 m). The 
recommended minimum number of finite elements per wavelength is six. This means that 
the finite element size must be less than 0.11 m. In the light of this, the size of 0.1 m has 
been chosen. Simply supported boundary conditions were imposed at the bottom corners of 
the models, as it can be seen in Fig. 8.1. Note that structural modifications associated with 
the more complex models represent major design elements, such as windscreens, rear 
windows, etc. In spite of the structural changes from one model to another, the input and 
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output points, corresponding to the positions of a disturbing force and a receiver 
respectively, remained the same to provide a meaningful comparison of the results 
obtained for different models (Georgiev and Krylov 2006). 
Number of Number of Number of Number of Model structural 
structural FE 
nodes acoustic FE acoustic nodes 
A 1812 2013 5040 6000 
B 1744 2022 4980 5305 
c 1780 2050 5025 6283 
D 1712 2068 5872 6603 
E 1664 2063 5808 6810 
F 1595 2533 5712 6940 
Table 8.1: Numbers of structural and acoustic nodes and elements for the models 
under consideration. 
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Figure 8.2: Some structural modes of the models "B"- (a), "D"- (b), "E"- (c) and 
"F"- (d). 
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3. Structural and acoustic analysis of the uncoupled models 
The geometrically simplest model, model "A", representing a flexible rectangular box, has 
been already calculated and analysed in chapter 5. Its normal mode analysis revealed the 
relationship between geometrical symmetry and repeated natural frequencies. For that 
reason, it is not considered in detail in this section. 
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Figure 8.3: The first acoustic mode in all considered models. 
In contrast to the initial model "A", the other models are constructed of plates that are 
different not only in size but also in form. Some structural modes of the uncoupled models 
"B", "D", "E" and "F" are shown in Fig. 8.2. One can see that modal shapes of the whole 
structures are strongly influenced by the forms of the plate compounds. As expected, for 
rectangular compounds simulating windscreens and roofs, the modal shapes are simple and 
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largely resemble the forms observed for a rectangular box, whereas for side plates, that 
have rather complex geometrical forms, the modal shapes are quite irregular. 
Figure 8.3 and Table 8.2 represent some of the acoustic modes and natural frequencies of 
the above models. The comparison between analytically calculated natural frequencies and 
those calculated by using finite element software for model "A" shows a good agreement 
and validates the chosen mesh size. Moreover, in the medium frequency range, for mode 
(6, 2, 1), the exact solution defines the natural frequency of 489.44 Hz, whereas the finite 
element program gives 499.67 Hz. In other words a maximum relative error of2% at the 
highest frequency of interest has been achieved, which guarantees the correct and reliable 
numerical results for all other models and frequencies. 
Analysing the data in Table 8.2, one can notice some interesting results. For example, the 
second natural frequency, 110.64 Hz- for the mode (0, 0, 1), stays constant for all models 
under consideration, regardless of the structural modifications. Although it was not 
recorded in Table 8.2, the next natural frequency in z-direction (mode (0, 0, 2)) also does 
not change and stays at 222.48 Hz for all models. 
X• Model A Model A ModelB Model C ModelD Model E Model F (exact) (nu m.) (nu m.) (nu m.) (nu m.) (num.) (nom.) 
1 69.02 69.07 72.29 70.50 73.77 77.94 81.63 
(1, 0, 0) (1, 0, 0) (1, 0, 0) (1, 0, 0) (1, 0, 0) (1, 0, 0) (1, 0, 0) 
2 110.40 110.64 1!0.64 110.64 110.64 110.64 110.64 
(0, 0, 1) (0, 0, 1) (0, 0, 1) (0, 0, 1) (0, 0, 1) (0, 0, 1) (0, 0, 1) 
3 118.33 118.52 122.04 120.05 122.84 125.15 132.31 
(0, 1, 0) (0, I, 0) (0, 1, 0) (0, 1, 0) (0, I, 0) (0, 1, 0) (0, 1, 0) 
4 130.21 130.40 132.16 131.19 132.98 135.30 137.49 
(1, 0, 1) (1, 0, 1) (1, 0, 1) (1, 0, 1) (1, 0, 1) (1, 0, 1) (1, 0, 1) 
5 137.02 137.27 135.80 137.44 143.11 146.00 146.09 
(1, 1, 0) (1, 1, 0) (2, 0, 0) (2, 0, 0) (2, 0, 0) (2, 0, 0) (2, 0, 0) 
6 138.07 138.49 162.42 145.73 165.31 167.04 172.47 
(2, 0, 0) (2, 0, 0) (1, 1, 0) (1, 1, 0) (I, 1, 0) (0, 1, 1) (0, 1, 1) 
7 161.94 162.21 164.72 163.25 165.32 168.00 183.26 
(0, 1, 1) (0, 1, 1) (0, 1, 1) (0, 1, 1) (0, 1, 1) (1, 1, 0) (2, 0, 1) 
8 175.95 176.23 175.16 176.44 180.89 183.18 183.89 
(1, I, I) (1, 1, I) (2, 0, 1) (2, 0, I) (2, 0, 1) (2, 0, 1) (1, 1, 0) 
9 176.81 177.20 196.42 182.97 198.91 201.16 209.33 
(2, 0, 1) (2, 0, 1) (3, 0, 0) (1, 1, 1) (1, 1, 1) (1, I, I) (3, 0, 0) 
10 181.84 182.24 196.52 188.17 202.53 209.75 214.61 
(2, 1, 0) (2, I, 0) (1, I, I) (2, I, 0) (3, 0, 0) (3, 0, 0) (1, 1, 1) 
Table 8.2: First ten acoustic natural frequencies for the considered models. 
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4. Frequency response analysis of the coupled models 
The FRF's at specific structural and acoustic spatial points have been calculated for the 
models. This is why, the points where an external disturbing force was applied to simulate 
the effects of vehicle suspensions and the acoustic points where the interior noise was 
measured were of particular interest. Various combinations of input and output signals 
calculated for these points form the set of FRF's that was analysed. Simply supported 
boundary conditions at the corner nodes in the bottom plate were imposed for simulating 
more realisticaly the vibrations of vehicle compartment. The amplitude of an external 
disturbing force was set as 200 N for all subsequent calculations. 
A comparison between acoustic FRF's of different models was carried out to estimate the 
influence of the respective structural modifications on generated structure-borne interior 
noise. In this case, the external force was applied to the left front position simulating road 
disturbance acting through the left front tire, whereas the output position of the receiver 
was set at the driver's ear position. FRF's were calculated in the frequency range from 0 to 
500 Hz. The energy loss factor of all structures was chosen as 3 % . 
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Figure 8.4: Effect of air damping coefficients on acoustic FRF's of the model "A". 
Figure 8.4 shows some calculations of sound pressure level inside the simplest rectangular 
box model (model "A") illustrating the influence of air damping. Four damping coeffcients 
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have been utilized, between 0.1 and 1.5 %. As one can see, the damping coefficients do not 
influence much the noise levels. Before reaching the first acoustic resonance, at about 69 
Hz, the sound pressure level depends only on structural vibrations, and the four graphs 
coincide completely. Above the first acoustic peak, the sound pressure responses behave 
differently, depending on the air damping coefficient. For further calculations, a 1 % 
damping factor was adopted, similarly to the examples described in NAS 115 (1996). 
To estimate the influence of structural modifications in the models of increased complexity 
shown in Fig. 8.1 on generated structure-borne interior noise a comparison between 
acoustic FRF's of every two adjacent models has been carried out. Figure 8.5 (a) shows 
the sound pressure levels in models "A" and "B" generated by the same force. At 
frequencies between 0 and around 70 Hz, both curves are nearly the same. At 70 Hz, there 
is a strong anti-resonance for model "B", which apparently can be explained by the fact 
that the driver's ear position for this model falls into a nodal line of the first acoustic mode. 
Above this frequency, the sound pressure level for the model "B" is slightly higher than 
that for the model "A". Also, the resonant peaks are shifted due to the structural 
modification. From these results, one can conclude that the incline of the front surface 
raises the sound pressure level at driver's ear location as compared to the model "A", in 
which this front surface is vertical. This might be the result of the geometrical closeness 
between the receiver's position and the inclined front surface. Note that calculations of the 
structural normal modes for these models show that small structural modifications that are 
not directly related to changes of mass density, stiffness and damping characteristics do not 
influence much the structural natural frequencies. Such modifications affect merely the 
spatial patterns of the acoustic normal modes, and this can be considered as a potential 
method of adjusting the receiver's position to a nodal line of the acoustic spatial pattern. 
Figures 8.5 (b) and 8.6 (a) demonstrate some noticeable changes in the pressure FRF's. In 
particular, it must be noted that sound pressure level in the model "C" is lower in 
comparison with the model "B" (Fig. 8.5 (b)). The reason for this might be the effect of 
the rear inclined surface in the model "C", which is smaller in size than the front inclined 
surface in the model "B". 
Models "E" and "F" are slightly different from the rest of the models. Because of the 
required structural modifications, their bottom plates are shortened and the supports at the 
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four corners are closer to the position of the disturbing force application. That might be the 
reason for the reduction of the sound pressure level below the first acoustic mode, at about 
70Hz, in models "E" and "F". This can be clearly seen in Figs. 8.6 (b) and 8.7 showing 
the comparison of the models "E" and "D", and models "E", "F" and "A" respectively. 
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Figure 8.5: Comparison between sound pressure responses in: a) model "A" and 
model "B", and b) model "B" and model "C". 
Note that, according to the curves in Figs. 8.5 - 8.7, the 'quietest' simplified model is 
model "E". The sound pressure FRF at driver's ear position calculated for this model is 
approximately by 4-5 dB lower compared to the others FRF's, except for the resonant 
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peak at about 125 Hz. At this stage, it is rather difficult to give a reasonable qualitative 
explanation of this interesting fact. Further numerical and experimental research would be 
required to achieve its better understanding. 
a) 
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Figure 8.6: Comparison between sound pressure responses in: a) model "C" and 
model "D", and b) model "D" and model "E". 
Simplified reduced-scale modelling of vehicle interior noise December 2006 
Chapter 8: Finite element analysis of simplified vehicle models of gradnally increased complexity I 4 I 
a) 
b) 
20 
u;-
w 10 
« 
"' ~- 0 
ill 
., 
ci- -10 
(f) 
.. , 
-30 
: : : 
: : 
' 
!-·····,····· • i;J\·-
.. : ,u_ -~{~' /'- ,,, 
~w y ~~ u V~ :I' 1 .. -~--
11111 . ' 
: 
I···· : : i i -·-· ;:~:: ~ 
0 100 150 210 250 300 350 400 450 50 0 
Frequency, Hz 
0 50 100 150 200 250 300 350 400 450 500 
Frequency, Hz 
Figure 8. 7: Comparison between sound pressure responses in: a) model "E" and 
model "F", and b) model "F" and model "A". 
5. Conclusions 
In the present chapter, a comprehensive numerical analysis of structural, acoustic and 
structural-acoustic properties of the series of six simplified vehicle models of gradually 
increased complexity has been carried out using MSC.Patran, MSC.Nastran. In the first 
part, a normal mode analysis of the proposed six models was conducted. In the second part, 
a number of FRF's were calculated for the compartment models. A comparison between 
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structural-acoustic FRF's for every pair of adjacent models was carried out to establish the 
impact of gradual structural modifications on structure-borne interior noise. 
The main conclusions that have been drawn from this chapter can be summarized as 
follows: 
• The normal mode analysis of these models has demonstrated the complexity of 
structural behaviour of irregular enclosures. 
• It has been found that the structural modifications considered had little 
influence on the structural natural frequencies. However, they strongly affected 
the acoustic normal modes and structural-acoustic FRF's. 
• It has been found that model "E" had the lowest structural-acoustic response of 
all six models. 
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Chapter 9 
Interior noise investigation in a simplified model 
including engine and boot sections 
1. Introduction 
A sequence of six simplified vehicle models of increased complexity has been considered 
in the previous chapter to demonstrate the effect of gradually increased complexity on 
generated interior noise. The last model of this sequence, model "F", was chosen for 
further modelling of vehicle interior noise, bearing in mind the need of more precise 
reproducing the main compartment's panels of real vehicles in a test model. Except for the 
compartment area, the model under consideration contains engine and boot sections as 
well. 
The objective of the research described in this chapter was to build the above mentioned 
new simplified reduced-scale models of vehicle structures and to investigate the associated 
structure-borne interior noise. The experimental tests included measurements of FRF's at 
driver's and passenger's ear positions, when an electromagnetic shaker was located at 
different places, thus simulating the disturbance from various sources. Furthermore, a 
treatment with damping material was carried out to mitigate structure-borne interior noise 
and to investigate the effect of certain vibrating panels on the total sound pressure response 
inside the compartment. Some of the experimental tests were simulated numerically using 
MSC.Nastran and MSC.Patran. The obtained numerical data are compared with the 
experimental ones. As a result of the investigation, the nature of structure-borne interior 
noise in the simplified vehicle model under consideration has been understood better, and 
some possible measures of interior noise reduction have been proposed (Georgiev et. al. 
2006, Ranavaya 2005). 
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2. Model description 
Although the developed vehicle model is rather irregular, it is still simple enough to enable 
studying the effects of different model parameters on structural-acoustic response and to 
investigate the efficiency of some measures of reducing structure-borne noise. The model 
consists of two main parts: cavity and under-cavity sections (note that the cavity section 
can be considered and investigated as an independent model). Two metal side walls are 
attached to the cavity section by means of six bolts, thus simulating real car's door 
attachments. The under-cavity part includes boot and engine sections, the latter one being 
represented by a plate joined to the under-cavity part by four bolts and springs, that can be 
considered as engine mounts. All model's parts were built of metal sheets of 1 mm 
thickness and spot welded where necessary. Both parts can be joined together by bolts to 
form a more complex model that was of primary interest in this investigation. Detailed 
pictures of model's parts can be seen in Fig. 9.1. 
Figure 9.1: Detailed pictures of a) cavity model b) under-cavity section 
c) whole model and d) engine section 
In order to assure similar boundary conditions to real vehicles the model was fixed by four 
bolts to two wooden beams that in turn were firmly joined to a fundament by clamps. In 
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this way, only four points of the model have constraints. This attachment of the model 
corresponds to the so called "grounded" boundary conditions. 
3. Results and discussion 
3.1 Structural-acoustic normal mode analysis 
The structural-acoustic normal mode analysis has been conducted numerically using FEM 
for two different cases. In the first case, only the cavity model was considered, whereas in 
the second case the whole model, including cavity plus under-cavity body, was under 
examination. For both models the interior cavity is the same, and the acoustic model for it 
was built by using 3420 CHEXA and 44 CPENT A acoustic finite elements and in total 
4147 nodes. The structural model of the cavity itself was constructed using 1342 CQUAD 
structural finite elements and 1458 nodes. The whole structural model consists of 1662 
CQUAD structural elements and 1863 nodes. The normal mode analysis was performed 
using modal analysis reduction for the first 300 modes only. In contrast to the 
QUASICAR model presented in chapter 6, the present two models have less numbers of 
constrains. There are about 293 natural frequencies in the range from 0 to 1. 7 kHz. 
(a) • r, (b) ' ·: 
: -~ 
(c) (d) 
Figure 9.2: Normal modes of the cavity model at: (a) 11.525 Hz (b) 59.586 Hz 
(c) 325.07 Hz and (d) 560.65 Hz 
The normal modes of the first model include local modes from the individual panels and 
global ones, which spread almost over all panels. The analysis shows that the structure can 
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not be broken up into different regions in specific frequency ranges, as was possible for the 
QUASICAR model, because constitutive panels have nearly the same modal parameters 
and their natural frequencies exist in the whole frequency range. However, the side walls 
demonstrate some more specific vibration behaviour because of the particular way they are 
attached to the main structure, which presumes less restrictions compared to other panles. 
Most of their normal modes can be defined as local. The participation of side walls' normal 
modes in global structural displacement of the model can be hardly observed at certain 
frequencies. 
In contrast to the side walls, the main structure exhibits more complex and obscure 
vibration behaviour, as it can be seen in Fig. 9.2. The constitutive panels take part in the 
global and local structural displacement. In the low frequency range the global modes are 
predominant, whereas in the high frequency range the local modes of different panels 
become readily distinguishable. An interesting point about the current model, in 
comparison with QUASICAR characterized by simply supported boundary conditions 
along edges of the main structure, is the appearance of the global modes at lower 
frequencies, as it can be seen in Fig. 9.2 (d). Note that the global modes of the 
QUASICAR model appeared at higher frequency, above I kHz. Thus, one can conclude 
that the presence of simply supported boundary conditions along plate's longitudinal edges 
amplify the effect of bended edges which separate the individual panels. Thus, the local 
modes for each panel could be successfully approximated by modes of the plates with 
simply supported boundary conditions, as it was shown in chapter 6. Contrarily, the 
absence of simply supported boundary conditions along longitudinal edges lessens the 
effect ofbended edges and a structure could not be separated into its compound panels. 
The structural-acoustic normal modes analysis of the whole model, including cavity plus 
under-cavity body, shows some resemblance to the first model, but demonstrates certain 
specific features as well. Again, in this case the side walls are involved in many normal 
modes in the whole frequency region. The structural behaviour is affected by boot and 
engine sections which are firmly attached to the cavity and side walls by bolts. This is why 
the first resonant peak for this model exists at a higher frequency, 21.87 Hz, whereas in the 
first model the fundamental frequency is 11.525 Hz (see Fig. 9.2 (a), Fig. 9.3 (a) and Table 
9.1 ). The boot and engine sections, particularly their vertical sides, appear to be quite 
loose; they are first involved in the normal mode at 42 Hz and stay active in the whole 
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frequency range. The surface displacements of the upper three cavity's panels look similar 
to the first model (see Fig. 9.2 (d) and Fig. 9.3 (b)), but the global modes which they are 
involved in appear at higher frequencies (Fig. 9.3 (c) and (d)). The reason for that could be 
the double thickness of the bottom cavity's panels due to the attaching to the under-cavity 
body. 
a) b) 
c) d) 
Figure 9.3: Structural normal modes of the whole model at: a) 21.87 Hz b) 136.91 Hz 
c) 1399.20 Hz and d) 1629.6 Hz 
The bottom cavity's panels, in case if the whole model is considered, have completely 
different modal parameters due to the double thickness, and their surface displacements 
drastically differ compared to the first model. The fundamental local frequency for the 
bottom plate exists at 64.369 Hz in the first model and at 196.98 Hz in the second model. 
In the low and middle frequency ranges this part of the whole model is almost silent and its 
structural activity starts at higher frequencies. This behaviour could be likened to the 
modified QUASICAR model with the increased thickness of the bottom panel (see chapter 
6). In both cases the additional thickness suppressed structural activity of the treated panels 
in the frequency range of interest. This is a simple demonstration of one ofthe methods of 
passive structural vibration control. 
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cavity model, whole model, acoustic freq. cavity model, whole model, 
str. freq. Hz str. freq. Hz (hard walls) Hz acoustic freq. Hz acoustic freq. Hz 
1 2 3 4 5 
11.525 21.87 326.66 (1. 0, 0) 325.07 327.51 
15.52 28.759 529.22 (0, 1, 0) 536.00 538.44 
23.486 31.498 553.74 (0, 0, 1) 560.65 555.18 
26.626 33.28 584.46 (2, 0, 0) 589.45 588.24 
28.255 36.394 642.92 (1, 0, 1) 648.76 646.53 
Table 9.1: First five structural and acoustic natural frequencies of cavity aud whole 
model 
a) b) 
c) d) 
:,.. 
...... 
Figure 9.4: First four normal modes of cavity interior at: a) 327.51 Hz b) 529.57 Hz c) 
555.18 Hz d) 587.01 Hz 
In Table 9.1, Columns 3, 4 and 5, one can see the values of the first five acoustic 
frequencies for the acoustic model with hard walls, for the cavity model and for the whole 
model respectively. The first four acoustic modes can be seen in Fig. 9.4. Obviously, the 
different boundary conditions for each model affect the acoustic resonance peaks of the 
cavity, shifting slightly their frequencies. Unfortunately, the observation of a set of 
acoustic resonances for these three models did not show a specific pattern, except that the 
resonant peaks of the latter two models that appear to be higher than those of the first one, 
as it can be seen in the table. It is difficult to say how exactly the additional under-cavity 
body mass influences the acoustic normal modes of the cavity. However, the change in the 
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frequency sets for the first case and the latter two is readily noticeable and it reflects the 
structural-acoustic coupling. 
3.2 Frequency response analysis 
The frequency response analysis has been conducted for the two models, the cavity model 
(!), and the whole model (2), using numerical and experimental techniques. In total 83 
experimental tests and 29 numerical simulations have been carried out. The covered 
frequency range was between 0 and 1.6 kHz, which for full size models corresponds to the 
range 0 - 400 Hz. A resolution of one point per I Hz for both numerical and experimental 
tests was adopted. For all experimental tests the models were attached firmly to tables by 
using the wooden beams mentioned earlier. Because the masses of the tables were 
comparable to the masses of the models, the frequency response could be affected by the 
tables' modal parameters. This is why heavy weights were placed on the top of the tables 
to assure proper grounded boundary conditions. The microphone was accommodated by a 
clamp fixed to the top panel made of very light alloy. Two points of the interior cavity 
were of particular interest, the driver's ear position (0, -90, 70) cm and the passenger's ear 
position (250, -90, 70) cm, with respect to the front upper left corner of the cavity. 
3.2.1 Effect of different positions of the shaker and of the microphone 
Both models have been examined in a number of structural-acoustic tests, including 
measurements of the structural-acoustic response at driver's and passenger's ear positions 
(see Table 9.2), while the electromagnetic shaker was located at five different positions. 
The locations of the shaker and of the microphone strongly influenced the acoustic 
response. If the driving force coincides with a certain nodal point of some structural 
normal modes, the structure will not be excided properly. The same situation can be 
considered for the location of a microphone. If a microphone (receiver) is located in the 
vicinity of a nodal point of some acoustic normal modes, then the sound pressure response 
will be reduced in the appropriate frequency range. Thus, the location of the driving force 
and of the microphone could be used for reduction of the perceived interior noise. 
Simplified reduced-scale modelling of vehicle interior noise December 2006 
Chapter 9: Interior noise investigation of a simplified model including engine and boot sections 150 
Experimental tests and Model Shaker position Microphone 
FE simulations X• X• position 
I I Centre floor Driver 
2 I Centre floor Driver 
3 I Left front Driver 
4 I Right front Driver 
5 I Right back Driver 
6 I Left back Driver 
7 I . Back left Rear tiE toasserilier 
8 I Front left Rearrie toassenger 
9 I Front right Rearrie t llllssenger 
10 I Back right Rear rig toassenger 
11 I Centre floor Rear right oassenger 
12 3 Centre floor Driver 
13 3 Left front Driver 
14 3 Right front Driver 
15 3 Right back Driver 
16 3 Left back Driver 
17 3 Left of the boot Driver 
18 3 Right of the boot Driver 
19 3 Right of the engine Driver 
20 3 Left of the engine Driver 
21 3 Left of the boot Rear rig t oassenger 
22 3 Right of the boot Rear ri" t nasseneer 
23 3 Right of the enltine Rear rie t oassenger 
24 3 Left of the engine Rearrie t oassenger 
25 3 Back left Rearrie t Ollssenger 
26 3 Front left Rear rie t oassenger 
27 3 Front right Rearrie t oassenger 
28 3 Back right Rear right passenger 
29 3 Centre floor Rear right oassenger 
Table 9.2: Characteristics of the experimental tests and numerical simulations 
However, the practical effect of such an approach is arguable. The location of the driving 
force or of the microphone might coincide with nodal positions for some modes but also it 
might coincide with anti-nodal positions for some other normal modes. This means that the 
reduction can exist at certain frequency range, but at some others there can be an increase. 
Figure 9.5 (a) shows the results of FE calculations ofthe effects of different locations of 
the driving force of2.8 Non the acoustic responses. Obviously, one can note that in test 3 
the force can not excite properly some of the first normal modes. This is why in the low 
frequency range the acoustic response is reduced in comparison to test 1. On the other 
hand, in the high frequency range the location of driving force at the left front position 
disturbs the normal modes in this area and the acoustic response is higher than that in test 
1. Figure 9.5 (b) presents the acoustic responses at driver's (test 13) and passenger's (test 
26) ear positions taken from the whole model when the driving force was located at the left 
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front position of the bottom plate. Similarly to the analysis above, the sound pressure 
readings shows some frequencies where the resonant peaks are considerably reduced, as at 
320Hz. In this case the sound perception at the driver's ear position is reduced almost by 
10 dB compared to the passenger's ear positions. However, at 1000Hz the reduction is 
again 10 dB, but in favour of the passenger's ear. 
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Figure 9.5: Numerical calculations of the effect of different locations of: a) driving 
force- central position, test 1 (solid curve) and left front position, test 3 (dash-dotted 
curve); and b) microphone- driver's, test 13 (dash-dotted curve) and passenger's, 
test 26 (solid curve) ear positions. 
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3.2.2 Effect of engine and boot masses 
The effect of additional masses placed in the engine and boot sections have been examined 
in experimental tests 58 to 75, see Table 9.3. For all of the tests the microphone was 
located at driver's ear position and the electromagnetic shaker was shifted to different 
positions from left to right in the engine and boot sections. However, no matter where the 
position of the shaker was, the sound pressure responses show some common features for 
all tests. As the engine mass was separated from the main structure by elastic elements, its 
effect on acoustic response was barely detectable, as can be seen in Fig. 9.6 (a). The graphs 
show the pressure magnitude without engine mass (test 66) and with engine mass equal to 
5 lb (test 67), when the shaker was placed at the middle left position of the boot plate. 
Thus, the model's elastic elements between the engine mass and the structure simulated 
real engine mounts. Although the reported tests pointed out clearly that the elastic elements 
suppresed successfully the effects of engine mass, it must be mentioned that the engine 
was simulated only as a mass unit. However, in practice the engine disturbes a car structure 
through its own vibrations, which will be considered in more detail later on. 
Test .N'• Model Shaker position Microphone Engine mass Boot/luggage 
X• position mass 
58 3 Left of the engine Driver No No 
59 3 Left of the engine Driver 5 lbs No 
60 3 Left of the engine Driver No 5 lbs 
61 3 Left of the engine Driver 5 lbs 5 lbs 
62 3 Right of the engine Driver No No 
63 3 Right of the engine Driver 5 lbs No 
64 3 Right of the engine Driver No 5lbs 
65 3 Right of the engine Driver 5 lbs 5lbs 
66 3 Left to the boot Driver No No 
67 3 Left to the boot Driver 5 lbs No 
68 3 Left to the boot Driver No 5 lbs 
69 3 Left to the boot Driver 5 lbs 5 lbs 
70 3 Middle of the engine Driver No No 
71 3 Middle of the engine Driver 5 lbs No 
72 3 Middle of the engine Driver No No 
73 3 Middle of the engine Driver No No 
74 3 Middle of the engine Driver No No 
75 3 Middle of the engine Driver 5 lbs No 
Table 9.3: Characteristics of the experimental tests involving engine and boot masses 
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a) 
Frequency, Hz 
b) 
Frequency, Hz 
Figure 9.6: Experimental investigations of the effect of a) engine mass- no engine 
mass, test 66 (solid curve) and with engine mass, test 67 (dash-dotted curve); and b) 
boot's mass- no boot's mass, test 66 (solid curve) and with boot's mass, test 68 (dash-
dotted curve) 
Figure 9.6 (b) shows the graphs of sound pressure response without a mass in the boot 
section (test 66) and with mass in the boot equal to 5 lb (test 68). In contrast to engine 
mass, the boot's mass was placed freely in the boot section, without any elastic elements, 
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which created different results compared to the original model. If the resonant peaks are 
not shifted in Fig. 9.6 (a) due to the elastic elements, in Fig. 9.6 (b) the natural frequencies 
are slightly shifted, and also there are some changes in their amplitudes. Particularly, in the 
low frequency range the maximum peak is shifted at about 90Hz to 160Hz and the sound 
response behaviour below this peak is somewhat suppressed. In the high frequency range, 
above 1 kHz, the acoustic response is slightly reduced. Although the overall sound levels 
in the case of boot's mass remain aproximately the same, the experiments demonstrate the 
influence of additional masses (e.g. luggage) in the boot section. Sometimes such masses 
could cause a rather high resonant peak at certain frequency, which could annoy the driver 
and passengers in the compartment. Such a peak can be observed in Fig. 9.6 (b) between 
800 and 900 Hz. 
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Figure 9. 7: Experimental investigation of the effect of engine mounts: test 70 (solid 
curve)- with the mounts, test 74 (dash-dotted curve)- without the mounts. 
Figure 9. 7 presents the results for the acoustic response in the case when the 
electromagnetic shaker was attached directly to the engine mass. This simulates engine-
induced vibrations. Test 70 corresponds to the experiment with elastic elements, whereas 
test 74 -without them, with the engine's plate firmly attached to the main structure. Now 
the effect of elastic elements is clearly seen. In the frequency range between 250 and 350 
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Hz, 650- 750Hz and 1200- 1400Hz, one can see a considerable reduction of the sound 
pressure. However, in other frequency intervals, such as 0 - 200 Hz and 900 - 1000 Hz, 
elastic elements act as amplifiers and increase the noise level. 
3.2.3 Effect of foam seats 
The effect of seats, made of foam, has been studied by experimental testing including tests 
from 30 to 57 for both models, see Table 9.4. 
Test Model Shaker position Microphone position Seats 
X• x. 
30 3 Left of the engine Driver Yes 
31 3 Right of the engine Driver Yes 
32 3 Right of the boot Driver Yes 
33 3 Left of the boot Driver Yes 
34 3 Back left Driver Yes 
35 3 Front left Driver Yes 
36 3 Back right Driver Yes 
37 3 Front right Driver Yes 
38 3 Centre floor Driver Yes 
39 3 Centre floor Rear right passenger Yes 
40 3 Back right Rear right passenger Yes 
41 3 Back left Rear right passenger Yes 
42 3 Front left Rear right passenger Yes 
43 3 Front right Rear right passenger Yes 
44 3 Left of the en2ine Rear right oassen2er Yes 
45 3 Ri2ht of the encine Rear ri2ht passen2er Yes 
46 3 Ri2ht of the boot Rear ri2ht passen2er Yes 
47 3 Left of the boot Rear ri2ht oassen2er Yes 
48 I Centre floor Driver Yes 
49 1 Front left Driver Yes 
50 I Front right Driver Yes 
51 I Back right Driver Yes 
52 I Back left Driver Yes 
53 1 Back left Rear rig htpjlssenger Yes 
54 1 Front! eft Rearrie flt passen2er Yes 
55 I Front right Rear rie flt passen2er Yes 
56 1 Back right Rear right passenger Yes 
57 1 Centre floor Rear right passenger Yes 
Table 9.4: Characteristics of the experimental tests involving foam seats 
It was expected that the acoustic response would be reduced because of the presence of 
sound absorbing material (foam). Indeed, this anticipation was found to be correct to some 
extent. Adding the two seats (shown in Fig. 9.8 a) could affect the sound pressure response 
in two ways. First of all, analytical expressions for sound pressure in some simple models 
have been found to be inversely proportional to the air volume (e.g. see Krylov 2002). 
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Thus, any decrease of actual interior volume could lead to the increase in the acoustic 
response in the enclosed cavity. On the other hand, the seat is made of sound absorbing 
material, and this must raise the acoustic energy dissipation in it, which consequentially 
will decrease the sound pressure response. Thus, the balance of these two contradictory 
effects could define the acoustic response in the model with added foam seats. 
Figure 9.8: Detailed pictures of a) foam seats and b) interior lining 
The tendency of the acoustic response for all tests in this section shows that in the low 
frequency range the effect of added seats is negligible, whereas in the high frequency range 
the reduction of sound pressure is clearly noticeable. Fig. 9.9 presents the sound pressure 
responses for two different locations of the electromagnetic shaker; (a) - the shaker is 
placed at the left front position of the bottom plate, and (b) - the shaker is in the right front 
position of the bottom plate. In Fig. 9.9 (a), test 13 corresponds to the model without seats, 
whereas test 35 -to the model with added seats, and respectively in Fig. 9.9 (b) test 14- to 
the model without seats, and test 37- with seats. 
Obviously, the above-mentioned reduction of interior volume is a constant value over the 
whole frequency range. On the other hand, the foam seats almost do not dissipate the 
acoustic energy in the low frequency range. Thus, the change in the acoustic pressure in 
the low frequency range, which is not easily visible, could be related to the volume change, 
and in the high frequency range- to the foam seats' sound absorption. 
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a) 
b) 
Figure 9.9: Effect of foam seats at different positions of the shaker: a) left front-
without seats, test 13 (solid curve), with seats, test 35 (dash-dotted curve); b) right 
front- without seats, test 14 (solid curve), and with seats, test 37 (dash-dotted curve) 
3.2.4 Effect of interior lining 
In the previous section the role of seats was examined, and it was shown that the reduction 
of structure-borne interior noise is possible due to their presence. Another approach widely 
used in automotive industry for mitigation of interior noise is the use of interior lining. In 
other words, some of the interior panels are covered by sound absorbing materials, which 
helps in dissipation of acoustic energy. In order to demonstrate the effect of lining, the 
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model's interior cavity was modified using 1 mm thick felt material, as shown in Fig. 9.8 
(b), and measurements were conducted as the electromagnetic shaker was placed in the 
middle of the bottom plate. Fig. 9.10 (a) presents the results for test 76- without lining, 
and test 83 -with felt lining, see also Table 9.5. 
(a) 
(b~ 
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Figure 9.10: Effect of felt lining (a)- without lining, test 76 (solid curve) and with 
lining, test 83 (dash-dotted curve); effect of structural damping (b)- without 
damping, test 76 (solid curve) and with damping, test 79 (dash-dotted curve). 
Similarly to the graphs in Fig. 9.9, the reduction of sound pressure in the low frequency 
range, particularly from 0 to 200 Hz, is negligible, and only in the middle and high 
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frequency ranges the effect of lining can be readily observed. In contrast to the case of 
added seats, the noise reduction here is not so significant. A possible reason for that could 
be the small thickness of the felt material used. 
3.2.5 Effect of added structural damping 
In addition to treating the cavity interior by sound absorbing materials, structure-borne 
noise reduction can be achieved by reducing vibration of the structure. Although any 
physical system has inherent damping, usually this is not enough to keep low vibrational 
levels. In this case the use of added damping materials assists in increasing dissipation of 
the vibrational energy and suppression of generated noise. In tests 76 to 82, see Table 9.5, 
damping material, a 1.2 mm thick asphalt based layer, was attached to the top three plates 
of the whole model in different combinations in order to estimate their contribution to the 
reduction of the acoustic response. The comparison between sound pressures in the case of 
damping treatment of any of the three panels does not demonstrate much difference. 
Apparently, this implies that the upper panels contribute almost equally to the acoustic 
response. 
Test Model Shaker Microphone Interior External 
N• N• position position lining damping 
76 3 Centre floor Driver No No 
77 3 Centre floor Driver No I 
78 3 Centre floor Driver No 1+2 
79 3 Centre floor Driver No 1+2+3 
80 3 Centre floor Driver No 2 
81 3 Centre floor Driver No 3 
82 3 Centre floor Driver No 2+3 
83 3 Centre floor Driver Yes No 
Table 9.5: Characteristics of the experimental tests involving interior lining and 
external damping. 
In Fig. 9.1 0 (b), a comparison between acoustic responses in the case of using damping on 
all three panels (test 79) and without damping (test 76) is presented. The electromagnetic 
shaker was located in the center of the bottom plate and the microphone - at the driver's 
ear position. According to the test 79, in the range from 0 to about 600 Hz there is an 
insufficient noise reduction, whereas in high frequency range, above 600 Hz, there is a 
noticeable decrease in sound pressure response. This was in contrast to the expected 
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significant reduction in the whole frequency range, similar to that for the model discussed 
in chapter 7. Two resons for that could be pointed out. Firstly, the attachment of the 
vibration damping material to the structure might have not been done properly, and 
secondly, the attachment of the transducer to the bottom plate could be affected by the 
fitting of the damping surfaces on the top plates, which is most likely. Nevertheless, the 
results, shown in Fig. 9.10 (b), demonstrate that simplified reduced-scale models can be 
used for studying the effect of vibration damping materials on vehicle interior noise levels. 
3.2.6 Comparison between the acoustic responses of the cavity and of 
the whole model 
The normal mode analysis of both models under consideration has already revealed some 
distinctive features of their structural responses. Herein an evaluation of sound pressure 
magnitudes measured in the model~ has been done. In spite of the fact that the interior 
cavity is the same for both models, the pressure magnitudes show considerable change due 
---to-the-structural-modifications and-Jifferent boundary conditions. First of all, the mass of 
the whole model structure is substantially larger and the thickness of the bottom three 
panels of the cavity is doubled. Secondly, the boundary conditions for the cavity model are 
applied at four points lying in the horizontal bottom plate, whereas for the whole model 
they are applied at the two points lying in the engine section and the two points in the boot 
section. Thus, the distance between these two sets of points, which simulate a vehicle 
basis, is much bigger than that of the cavity model. 
Figure 9.11 shows the comparison between the two sets of data associated with the models. 
In the first one Fig. 9.11 (a), test 3 and test 13 deal with the cavity and with the whole 
model. In this case the shaker is placed at the left front position of the bottom cavity plate 
for the cavity model and of the engine section for the whole model. Fig. 9.11 (b) represents 
test 5 and test I 5, respectively for the cavity and for the whole model. The shaker was 
located at the back right position, correspondingly in the bottom plate and in the boot 
section. Both sets of data show that the acoustic response of the whole model is 
significantly increased in the whole frequency range. In Fig. 9.11 (a) one can see clearly 
the change in the first structural resonance due to the structural modifications. One can 
assume that the larger basis of the whole model makes it more responsive to vibrations in 
the area of the cavity. This could result in higher sound levels in this model. Also it can be 
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seen that some of the resonance peaks coincide completely in both graphs, which is due to 
the same interior cavity for both models. In other words, the acoustic natural frequencies 
are nearly the same for both models, and they start at about 3 67 Hz, which is the 
fundamental acoustic frequency. 
a) 
b) 
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Figure 9.11: Comparison between the acoustic responses of the whole model (single 
curve) and the cavity only (double curve) at two positions of the shaker: a) left front, 
b) right back 
3.2.7 Comparison between experimental and finite element data 
The purpose for comparing experimental and finite element data in the present chapter is 
just to evaluate to what extent the proposed experimental and numerical approaches are 
reliable and precise. Figure 9.12 shows experimental sound pressure responses and their 
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FE simulations for the whole model. The electromagnetic shaker with the force amplitude 
of 2.8 N was placed in the front right position of the engine section (Fig. 9.12 (a)) and in 
the back right position of the boot section (Fig. 9.12 (b)). FE mesh was consistent with the 
frequency limit of interest about 500 Hz; with about six finite elements per wavelength. In 
the FEM frequency response analysis, a resolution equal to one point per 1 Hz was used, 
which was the same as in the experimental testing. 
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Figure 9.12: Comparison between FE (doubled thickness, curved) and experimental 
(single thickness, curved) data 
One can see that there is a very good overall coincidence between experimental and FEM 
data, although there is a number of disagreements, particularly in the frequency range 
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between I 00 and 200 Hz. Obviously, the experimental model has more natural frequencies 
than the FEM model predicts, and there is a number of resonant peaks which have not 
been predicted by the FEM software. The most likely reason for that could be the smaller 
number of degrees of freedoms in the FEM model compared to the experimental model. 
Note that in the numerical simulations about 1800 structural and 4000 acoustic nodes were 
used. The observed good overall coincidence of the experimental and FEM acoustic 
responses proves that FEM approach is precise and reliable enough for calculating a 
preliminary analysis, where a lot of simulations is required to estimate the effects of all 
design parameters. The use of simplified models at this stage could help to accelerate the 
calculations and decrease the price of FEM analysis. 
4. Conclusions 
In the present chapter, the results of experimental and numerical studies of structure-born 
interior noise in the two simplified vehicle models have been described. In particular, the 
normal mode analysis of the models calculations and some of their FRF's have been 
carried out by FE simulations. A large number of experimental tests have been conducted. 
Some of them have been compared to the results of FE calculations. Using frequency 
response analysis, the effects of various factors were evaluated and demonstrated. These 
factors include: engine and boot masses, interior lining, foam seats and added vibration 
damping. Furthermore, a comparison between FRF's of the whole model and of the cavity 
model only has been carried out. 
The main findings obtained in the current chapter are discussed below: 
• The normal mode analysis of both models showed that the natural frequencies 
of their constitutive panels lie in the same frequency range. 
• It was shown that the positions of the driving force and of the microphone 
change significantly the sound pressure response in the cases when they are 
placed at a node or anti-node of some structural or acoustic normal modes. 
• It has been demonstrated that the effect of engine mass could be significant or 
negligible, depending on the elastic elements, whereas the boot's mass could 
create a resonant peak at a certain frequency. 
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• The presence of foam seats decreases considerably the sound pressure response. 
This effect is more pronounced in the high frequency range. 
• The absorbing acoustic lining mitigates the generated noise as well, but not as 
much as the foam seats do. However, the absorbing lining is a commonly used 
cheap measure for interior noise reduction, and its importance was confirmed in 
this research. 
• Similarly to the above two measures of noise reduction, the experiments with 
the added vibration damping reveal the potential of this procedure. The most 
noticeable effect of vibration damping is obtained in the high frequency range. 
At low frequencies, the effect of vibration damping is less noticeable as in the 
case offelt lining. 
Once again, the main idea that was promoted in this chapter was the usefulness of using 
simplified reduced-scale vehicle models for interior noise analysis. The models used in this 
chapter were more complex than a rectangular box with one flexible wall, but still simple 
enough to be understandable. In this way, such simplified models can bridge the existing 
gap between the simplest analytical models and the modern commercial computer models 
used in automotive industry. The confirmation of usefulness of this philosophy is based on 
good agreement between experimental and numerical data reported in this chapter. 
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CONCLUSIONS 
In the present work, simplified reduced-scale models have been used to model structural-
acoustic interaction and the associated structure-borne vehicle interior noise. Furthermore, 
the employed simplified models have been designed in a way that incorporates some 
specific vehicle features in still simple replicas. This bridges the existing gap between the 
simplest structural-acoustic models, such as a rectangular box structure with one flexible 
wall, and sophisticated numerical models used in the automotive industry. 
The presented thesis consists of nine chapters: chapter 1 has introduced the vehicle interior 
noise problem, some of the existing approaches for its treatment and the objectives of this 
thesis. A purposeful literature review on the subject has been presented in chapter 2. Some 
theoretical aspects of structural-acoustic interaction and its FE modelling described in 
chapter 3 have been numerically validated in chapter 4 using the simplest structural-
acoustic system, a rectangular box-structure with one flexible wall. The FE analysis has 
been extended to a rectangular all-flexible box structure in chapter 5. The first simplified 
reduced-scale model in the current thesis, QUASICAR model, has been introduced in 
chapter 6. The concept of its design has been further developed in chapter 7, where the 
model included an engine section and a limited number of constrains. Chapter 8 has 
studied different simplified compartment models of increased complexity. One of these 
models has been further developed and investigated in chapter 9. 
Throughout the whole thesis, simplified reduced-scale modeling has been promoted as a 
reliable approach for studying vehicle interior noise in a design stage. As a result, the 
following original outcomes have been obtained: 
)> The case study in chapter 4 has been considered for a rectangular box structure with 
one flexible wall driven by a harmonic force applied directly and through vehicle 
suspensions. Through analysing this model by means of analytical calculations in 
MATLAB, the effects and influence of a number of parameters, such as structural and 
acoustic natural frequencies, frequency overlap function, coupling coefficients and 
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modal parameters of suspension on overall interior noise levels, have been studied. 
Moreover, the effect of the first acoustic mode on generated structure-borne interior 
noise has been clearly shown. The analytical results obtained using MATLAB have 
been validated by FE simulations, thus proving the correctness and reliability of the 
early derived analytical formula for structure-borne vehicle interior noise (Krylov 
2002). The observed very good agreement between the obtained analytical and 
numerical results also guaranteed accuracy of the FE procedure used in this thesis. 
>- The numerical investigation of an all-flexible rectangular box structure (chapter 5) 
has confirmed that the approximate analytical expressions for structural behaviour of 
the model obtained in some earlier works are in a good agreement with the numerical 
ones. For the first time, structural-acoustic FRF's of the fully coupled all-flexible 
rectangular box structure have been investigated numerically. The obtained results 
have demonstrated that, depending on the position of the driving force and of the 
receiver, structure-borne sound pressure responses can exhibit significant maxima and 
minima at certain frequencies, 
>- It has been found using numerical calculations (chapter 6) that structural vibrations 
of the simplified non-circular shell vehicle model (called QUASICAR) can be 
approximated by vibrations of simply supported plates corresponding to its flat parts. 
In the case of higher thickness of the bottom part of the QUASICAR (corresponding 
to the modified model Ml), a significant reduction of the interior noise has been 
demonstrated. The comparison between numerical and experimental structural-
acoustic FRF's has shown that numerically calculated resonances agreed well with 
their experimental counterparts. Moreover, a reasonably good agreement between the 
obtained FE data and the results calculated using the above-mentioned analytical 
formula has confirmed the possibility of using QUASICAR model for analytical 
description of structure-born interior noise, in addition to the well-known simplest 
model comprising a rigid box with one flexible wall. 
>- The normal mode analysis of the modified non-circular shell vehicle model, 
including engine mass, (chapter 7) has demonstrated that the most significant 
contribution to structural vibrations of the model was associated with vibrations of the 
side walls. Unlike the side walls, the engine section did not take a significant part in 
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structural vibrations and its effect on the interior noise could be neglected. 
Experimental measurements of the frequency response functions have shown that 
sound absorbing and vibration damping materials applied to the model reduced the 
noise levels quite significantly. 
)> The numerical investigation of the series of simplified vehicle models of increased 
complexity (chapter 8) has demonstrated that the structural modifications did not have 
much influence on the structural natural frequencies. However, these changes affected 
significantly the acoustic normal modes and structural-acoustic FRF's. Among all six 
simplified vehicle models under consideration, model "E" had the lowest structural-
acoustic response. 
)> The numerical normal mode analysis of the last and most complex of the above-
mentioned six models (model "F") has shown that structural vibrations of this model 
can not be approximated by vibrations of some of its constitutive panels. It has been 
demonstrated experimentally that the effect of the engine mass on structural-acoustic 
responses depends on the elastic characteristics of engine mounts. It has been also 
shown that a large mass placed in the boot (e.g. luggage) can cause a noticeable 
resonant peak at a certain frequency. The effects of foam seats, of acoustic lining and 
of vibration damping material have been investigated experimentally as well. As 
expected, all these measures reduced the interior noise levels, which confirmed that 
simplified reduced-scale models are capable to simulate different methods of interior 
noise reduction. Another support for this statement is the observed good agreement 
between numerical and experimental data. 
In conclusion, in the light of the above-mentioned original results, it is felt that the study 
undertaken in this thesis has achieved its initial objectives. Simplified reduced-scale 
modelling of vehicle interior noise has been introduced and developed as a reliable and 
non-expensive approach to prediction and mitigation of vehicle interior noise in a design 
stage. 
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